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ABSTRACT

During gas turbine transient manoeuvre, heat transfer occurs between the fluid
and metal. This results in various heat transfer effects, including heat soakage,
tip clearance, and change in component performance map. These will cause heat
loss and change in component flow characteristic and efficiency, which further
affect gas turbine transient performance. In this work, a comprehensive heat
transfer model including heat soakage, tip clearance and compressor map
modification has been developed. The proposed heat soakage model improves
the current state-of-the-art model by establishing a comprehensive thermal
network with the consideration of the combustor temperature distribution and
cooling technologies including film cooling, internal cooling, and thermal barrier
coatings. Additionally, the proposed novel compressor map modification model
can derive numerical correlations for compressor maps based on movement of
compressor speed line and map scaling, enabling the modification of adiabatic
maps to non-adiabatic maps during transient simulations. It improves the current
compressor map modification models by ensuring both flexibility and accuracy.
The developed heat transfer model has been integrated into Cranfield gas turbine
simulation platform Turbomatch, enhancing the realism of transient simulations.
The accuracy of the proposed model has been validated against data from public
sources, simulation platforms, and experimental results. A sensitivity analysis has
also been conducted to assess the impact of various assumptions on heat flow
rate estimation. The impact of heat transfer to overall engine’s performance has
been demonstrated by simulating transient operation of a turbojet and two
turbofan engines to demonstrate the effects of heat transfer on gas turbine
transient performance. Comparing with the conventional heat soakage method,
the application of the improved models can capture a delay on engine’s response
beyond the one simulated by the existing methods. This is a result of considering
the combustor temperature distribution and cooling technologies, not included in
the conventional heat soakage models. For the impact of heat transfer effect on
compressor characteristic and performance, a 4% reduction in compressor surge
margin is observed during a hot reslam transient manoeuvre, as a result of

movement in compressor speed line due to heat transfer effect.
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1 INTRODUCTION

1.1 Background

Gas turbine engines are designed to operate in a wide range of operating
conditions, especially for aircraft propulsion units. In the steady state, fixing the
fuel flow will fix the rotational speed and all other gas turbine parameters. This is
primarily due to the power balance between the compressor and turbine.
However, this power balance will be broken when the gas turbine is accelerating
or decelerating to its targeted condition. And all other engine parameters will be
different from the steady-state condition. Therefore, the concept of transient
performance is introduced, which deals with the working state of engine

performance parameters as a function of time.

There are always several phenomena accompanying transient operation, among
them, one important phenomenon is the heat transfer effect. The heat transfer
effect refers to the effect caused by the heat transfer between the working fluid
and the engine metal. It will affect the component’s performance in three ways:
the heat soakage effect, the tip clearance change effect and the component map
change effect.

The current state-of-the-art heat transfer model primarily relies on a 0D (zero-
dimensional) approach. It simplified the combustor heat transfer model by
neglecting the temperature distribution and does not incorporate cooling
technologies such as film cooling internal cooling and thermal barrier coating, as
highlighted in Table 2-2. Additionally, research on component map modification
is limited in the public domain. As discussed in Section 2.2.3, there is a clear need
for a more accurate and convenient map modification model. Furthermore, as
reviewed in Section 2.3, existing commercial simulation platforms like GasTurb
and GSP, only include simplified OD heat soakage and tip clearance models.
None of the current commercial software considers the heat transfer effects in

the component maps.

Therefore, in this project, the research area focuses on the development of a
comprehensive heat transfer effect model that can be used to modify gas turbine



transient performance. The heat transfer model includes the heat soakage model,
tip clearance model and the compressor map modification model. The heat
soakage model can estimate the heat transfer rate between the working fluid and
the engine metal during gas turbine transient simulation, with consideration of the
combustor temperature distribution and advanced cooling technologies. The tip
clearance model can estimate the compressor and turbine tip clearance change
during transient simulation and modifying the component's performance. The
compressor map modification model can modify the compressor pressure ratio

and corrected mass flow during transient simulation.

1.2 Aim and Objectives

The aim of this project is to investigate the impact of heat transfer effect on gas

turbine transient performance.
To achieve the aim, several major objectives are defined:
1. Development of a comprehensive heat transfer effect model.

As described above, the heat transfer will affect gas turbine transient
performance in three major ways: the heat soakage effect, the tip clearance
change effect and the component map change effect. The developed model
needs to be capable of estimating all three effects during gas turbine transient
manoeuvre. It also required to provide great flexibility so it can be easily used by
different gas turbine engine model. A quasi 2-dimensional model based on the
cross-section area of gas turbine components is selected during this process
because it can have a better prediction on temperature distribution along gas
turbine axial and radius direction compared with OD model and required less
simulation time and necessary data compared with full 3D model during transient
simulation. The quasi-2D model is a combination of 0D and 1D model. For each
compressor blade and casing, they are modelled in OD. For each compressor
disc, flame tube, and turbine blade, casing and disc, they are modelled in 1D. So,

it is defined as a quasi-2D model instead of a full 2D model.

2. The validation of the proposed heat transfer model.



With the developed heat transfer model, the effect of heat transfer effect on gas
turbine transient performance can be estimated. However, it is very important to
ensure the accuracy of the proposed model. In this process, data from open
literature, commercial simulation platform and experiment are used to compare
with the simulation outcome of the heat transfer effect model. As long as the
difference between the outcome from the proposed model and the validation data

is within tolerance, the model accuracy is guaranteed.
3. The investigation of heat transfer effect on gas turbine transient performance

Based on the validated heat transfer model, the heat transfer effect on gas turbine
transient performance can be investigated. The effect of considering combustor
temperature profile and cooling technologies on heat soakage estimation and gas
turbine transient performance is investigated. the comparison between heat
soakage effect and tip clearance effect is investigated. The effect of component

map change effect on compressor working line is investigated.

1.3 Contribution

The major contribution of this project to knowledge can be concluded in two main

points.

Firstly, a comprehensive novel high flexibility quasi-2D thermal network based
heat soakage model that can be used during gas turbine transient simulation is
developed. The project improves the existing heat soakage model available in
public domain. Firstly, temperature difference model is developed, which can be
used for compressor blade and casing. This model considers the fluid
temperature change during heat transfer process, which reflects the physics
better than conventional lumped parameter method. Secondly, control volume
method that can be used for compressor disc, combustor flame tube, and turbine
is developed. This model considers film cooling, internal cooling and thermal
barrier coating into consideration, which are neglected in other state-of-art
researchers’ heat soakage model and commercial simulation software. Thirdly,
combustor temperature distribution model that is suitable for conventional rich

burn combustor is developed. Compared with the current state-of-art combustor



heat soakage model that based on mean combustor temperature, the proposed
model offers a more realistic heat transfer process prediction by considering

combustor temperature distribution into consideration.

Secondly, a novel simulation model is developed for compressor map
modification. Leveraging the mean line model and heat transfer effect correlation,
this model enables the creation of non-adiabatic compressor performance maps
for gas turbine transient simulation. By using map scaling, the difference between
adiabatic and non-adiabatic compressor map can be represented by the
numerical correlations based on corrected rotational speed, pressure ratio,
corrected mass flow, and heat flow rate. The numerical correlations can be
applied to different transient manoeuvre (when compressor configuration kept
same) instead of repetitively develop non-adiabatic performance map for different
transient manoeuvre. Compared with the state-of-art compressor heat transfer
effect analysis, the developed model ensures the accuracy and flexibility, which

solves the weak point of MacCallum and Kiss’s work.

A minor contribution has been made to tip clearance estimation. A novel thermal
displacement model has been developed for the casing and disc, suitable for the
proposed control volume method. This model accounts for the uneven
temperature distribution in the casing and disc, producing a more realistic thermal
displacement compared to conventional OD models. However, since the model's
dimensionality is lower than that of state-of-the-art thermal displacement models

(2D), it is considered a minor contribution rather than a major one.

Besides the contribution to knowledge, this project also makes contributions to
simulation tool Turbomatch. The proposed model offers a systematically insight
on the heat transfer effect on gas turbine transient performance by considering
heat soakage effect, tip clearance changes effect and component map change
effect. The comprehensive heat transfer model has been integrated into Cranfield
software Turbomatch and enhances Turbomatch's capability for heat soakage,
tip clearance and component map modification simulation. The developed model
can be applied to different gas turbine model and is applicable across various gas

turbine transient simulations. Compared with the state of art gas turbine



simulation tools, Turbomatch is the only software that includes heat soakage

analysis, tip clearance changes analysis and compressor map change analysis.

1.4 Thesis Structure

This manuscript is divided into 7 Chapters, each one subdivided into several

Sections and Subsections.
Chapter 2 - Literature Review

This chapter presents a comprehensive literature review conducted within the
scope of this investigation. It focuses on three parts closely aligned with the
objectives of this research. The first part discusses the development of gas
turbine transient performance simulation methods. While the project may not
directly involve the development of transient simulation methods, it relies on
transient simulation. Therefore, understanding how gas turbine transient
performance is simulated is crucial. The second part concerns the development
of heat transfer effect simulation methods during gas turbine transient simulation.
This includes three main aspects: heat soakage effect, tip clearance change
effect, and component map change effect. The third part revolves around gas
turbine performance simulation software. This section provides a comparative
analysis among different commercial software solutions. The final part involves
the identification of the research gap in heat transfer effects on gas turbine

transient simulation field.
Chapter 3 - Methodology

This chapter encompasses the development methodology of the proposed heat
transfer effect model during gas turbine transient simulation. The aim of this
chapter is to provide a detailed explanation of the theoretical background of the
heat transfer effect on gas turbine transient performance. Four main models are
included in the methodology development process. Firstly, the geometry
identification methods for different gas turbine components are discussed in
Section 3.2. Secondly, the proposed heat soakage models for both low Biot
number and high Biot number components are discussed in Section 3.3. This

section also covers the establishment of a quasi-2D thermal network and the



method for modifying component performance. Thirdly, the development of the
tip clearance models for rotating parts such as the compressor and turbine are
discussed in Section 3.4. It addresses both elastic and thermal displacements for
blades, casing, and discs. Finally, the determination of the map modification
method is discussed in Section 3.5. This involves two steps: establishing the
compressor off-design performance map based on the mean line model and
considering the heat transfer effect on the compressor off-design performance.
Using the mean line model, the variation in compressor pressure ratio and mass
flow due to heat transfer effect is analyzed, and a numerical correlation between

rotational speed, pressure ratio, mass flow, and heat flow rate is established.
Chapter 4 — Validation

In this chapter, the proposed models described in Chapter 3 are validated against
experimental and open literature data. All proposed models undergo validation.
Section 4.2 focuses on validating the steady-state and transient simulation
accuracy of Turbomatch. The steady-state performance is validated against the
real gas turbine data. For the transient performance, it is validated against the
commercial software GasTurb due to the lack of experiment validation material
in public domain. In Section 4.3, the proposed geometry identification model is
firsty compared with the real compressor design data. Because the real
component mass and wetted area data are not offered, the model is further
validated against the outcomes from GasTurb. Section 4.4 validates the
proposed heat soakage model against GasTurb data. Because the heat soakage
model used by GasTurb is different from the proposed model, the boundary
conditions of the proposed heat soakage model is controlled to keep the
consistency of the heat transfer process. Section 4.5 validates the proposed tip
clearance model against data from open literature. In Section 4.6, the accuracy
of the proposed compressor mean line model is validated against NASA

experimental data and open literature data.
Chapter 5 — Case Study

In this chapter, a sensitivity analysis is conducted to investigate the impact of

small changes in model assumptions on the magnitude of heat flow predictions.



Then, several case studies based on the proposed heat soakage model, tip
clearance model, and map modification model are presented. In section 5.2, the
comparison between the traditional LPM and the proposed quasi-2D thermal
network is discussed. The significance of considering the combustor temperature
distribution and cooling technologies is emphasized. In Section 5.3, the effect of
heat soakage and tip clearance change on an advanced two-spool civil turbofan
engine is illustrated. In Section 5.4, the map modification model based on the
NASA energy efficiency engine high-pressure compressor is detailed. The
correlations between rotational speed, pressure ratio, mass flow, and heat flow
rate are investigated. Besides, the transient performance of a two-spool turbofan
engine with the same structure as the E3 engine is investigated using the map

modification model.

Chapter 6 — Conclusion

In this Chapter, the conclusions and achievements of this study is discussed.
Chapter 7 — Future Work

In this Chapter, the limitation of the proposed model is discussed, including
geometry identification model, heat soakage model, tip clearance movement
model, and compressor map modification model. Based on the discussed

limitation, the potential improvement is also discussed.






2 Literature Review

In this section, a comprehensive literature review related to gas turbine transient
performance, the heat transfer effect on transient performance, and the transient
simulation platform is illustrated. While the development of transient simulation
methods is not within the scope of this project, it is crucial to note that the heat
transfer effect relies on transient simulation. Therefore, understanding the gas
turbine transient simulation method remains essential. Consequently, this
literature review will encompass the current state of transient simulation

methodologies.

2.1 Gas Turbine Transient Performance Simulation

The change in engine performance as a result of altering the fuel flow is referred
to as transient operation. This process can last anywhere from a few seconds in
the case of aero engines to several hours for large industrial gas turbines [1].
Since civil aero engines need to meet the certification requirement and the
starting time of a large industry turbine is a critical economic indicator, the

transient performance plays a crucial role in gas turbine analysis.

Over the past 70 years, extensive research has been conducted on the
development and improvement of gas turbine transient performance prediction.
Many comprehensive surveys of this research have been published, including
those by Fawke and Saravanamuttoo, Szuch, Evans and Sanghi [2-5]. These
surveys provide a broad overview of the development of transient simulation from
1950 to 2000. Based on the comprehensive review, the gas turbine overall
transient methodology can be broadly classified into two categories: the white
box and the black box approach [6]. The fundamental ideas of these two
approaches are different. The white box approach involves using physics-based
models, where the dynamic equations, thermodynamic relationships, and energy
balance are considered. On the other hand, the black box approach involves the
use of the ANN, machine learning, or deep learning techniques when direct

access to the complex dynamic equations of the system is not feasible or when



working with them is challenging [7]. In this section, the development of the white

box, black box and numerical methodologies will be discussed.

2.1.1 White Box Approach

White box models usually represent the physics-based models or mathematical
models that deal with coupled and complicated dynamic equations,
thermodynamic relationships, energy balance, and linearization methods [7].
According to the published resources, the white box method can be broken down
into linear and non-linear methods. In this section, they will be discussed in
chronological order, tracing the progression of its methodology development, as

well as related transient investigation work.

2.1.1.1 Linear Method

The analysis and experimental study of the dynamic characteristics of gas
turbines began in the early 1950s [8] and aimed at meeting engine control needs.
Researchers from National Advisory Committee for Aeronautics, Otto and Taylor,
were the first to investigate the rotor speed response of a single-spool turbojet
engine with a step change in fuel flow using a first-order system [9]. Because the
accelerating torque can be represented as a function of fuel flow and spool
rotational speed, they used a linear differential equation obtained from the steady
state to represent the acceleration behavior with a speed change range of less
than 600 rpm.

Then it was realized that the engine dynamic performance could be predicted
from the steady state data, and the calculation of the rotor-speed time constant
became the focal point of the research. Gold and Rosenzweig developed a
method for estimating the rotor-speed time constant for both turbojet and turbine-
propeller engines [10]. For turbojet engines, the method required the variation of
steady-state air flow and steady-state compressor temperature rise with engine
speed and the polar moment of inertia of an engine. For turbine-propeller
engines, additional propeller torque data was needed. The results showed that
the calculated values deviated from the mean experimental values by only slightly

more than the spread of the experimental data. Similarly, Lawrence and Powell
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developed a good approximate method that assumed the turbine torque changes
when fuel flow changes but zero change in compressor torque [11]. All
parameters used in the time constant could be readily obtained from steady-state
data, making it easy and convenient to establish the time constant.

The next major contribution was made by Novik, who extended the current linear
single-spool turbojet engine into a two-spool engine by applying a second-order
linear system [12]. The relation between spool speed and turbine inlet
temperature was estimated experimentally, and the method was able to specify

different spool speed responses.

The linear system is capable of representing the gas turbine transient
performance. However, it could only simulate engine transient operating points
with minor changes [9]. Therefore, it was impossible to obtain the compressor's
operating trajectories. The development and implementation of a non-linear

system were necessary to obtain more accurate results.
2.1.1.2 Non-Linear Method

The non-linear approach was initially introduced by Dugan and Fillipi [13,14].
Their research focused on investigating the acceleration performance of a twin-
spool turbojet engine, by determining a set of operating points that satisfied flow

compatibility.

The constant Mass Flow (CMF) method, also known as the iterative method, was
developed by Larrowe et al. using an analogue computer [15]. This method
assumed that flow compatibility was always maintained, even during the transient
condition. The simulation process was carried out in three steps. Firstly, the initial
engine component outlet pressure and shaft rotational speed were obtained
based on the starting condition of the transient process. Next, the engine
parameters, such as the compressor pressure ratios and turbine non-dimensional
flows, were estimated and iterated while keeping the rotational speed constant
and ensuring that flow compatibility was satisfied after a step change in fuel flow.
Finally, with the new component working condition, the compressor power and

turbine power could be calculated, and the rotor angular acceleration could be
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determined based on the surplus power. The new rotational speed after a one-
time step could then be obtained. The complete engine computer assembly was
composed of engine components assemblies. Due to the equations concluded in
each component assembly, the flow compatibility was satisfied automatically.
Figure 2-1 shows the process of CMF calculation, where W represents the mass
flow, P represents the total pressure, T represents the total temperature, N
represents the rotational speed, t represents the time step, and 1-4 subscripts

mean compressor inlet, compressor outlet, combustor outlet and turbine outlet.

Initial value

Wy =W, =Ww; =W,
Schedule of Wy
]

Py /Py = f(Wy,N)
(T =T)/Ty = [(N)
I
| Calculate P3, Ty |
I

Py/Py = f(Wy)
wl:w1—|w1—w;|fz| (T3 = Ty)/T5 = (W)

Calculate N

|W1— (Pa/P)(1 +4Py) |

| Calculate other parameters | | t=t+At

Figure 2-1 Flow chart of the CMF method

Several gas turbine studies have been investigated based on the utilization of the
CMF method. Kong et al. analyzed the steady state and transient performance of
a 200 kW class small turboshaft engine with a free power turbine [16]. It was
found that the turbine inlet temperature exceeded the limit temperature by 0.3
seconds with the step change in fuel flow. Compared with experimental data, the
maximum range of error was within 5.56%. The transient performance of a
geared turbofan engine was investigated by Wanjun and Shijian by using the

CMF method [17]. The outcome was compared with the result calculated from
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GasTurb 10, and the maximum difference was within 1.5%. However, they didn’t
fully explain the benefit coming from the application of gearbox in their paper. The
transient performance of hybrid propulsion systems was investigated by
Wortmann et al. [18]. Two types of gas turbine engines had been examined with
the design parameters from GasTurb 12. The outcome showed that the
acceleration time of the hybrid gas turbine can be reduced by 50% when the
motor shares 25% of the shaft power. The transient performance of the T100
micro gas turbine (mGT) in the wet mode for critical surge conditions was
investigated by Carrero et al. [19]. This study simulated the engine performance
under certain conditions and assessed the potential effect on power output. It was
found that the wet mode will decrease the surge margin during the transient
process, and the acceleration and deceleration speed should be limited. Further
investigation on the effect of fuel composition change on T100 mGT transient
performance was done by Raggio et al. [20]. It was found that sudden injection
of hydrogen led to an excessive temperature peak at turbine entry section, while
in the case of ammonia, high temperatures were not reached. An in-house
program, especially for the mGT transient simulation, was developed by Kim et
al. [21]. The CMF method was used during the transient simulation. Besides, a
quasi-2D recuperator model was established to offer a realistic counter-flow
compact heat exchanger. The transient performance of a solid oxide fuel cell and
mGT hybrid system has been investigated by Mueller et al. by CMF method [22].
It was showed that SOFC/mGT hybrid systems could have a rapid transient load
following capability that is faster than that of recuperated mGTs. Singh et al. [23]
investigated the transient behaviour of an industrial gas turbine operating on low-
calorific fuels based on the CMF method. Engine transient behaviour during a
load shed and engine trip with varying fuel lower heating value (LHV) was
investigated. It was found that lower LHV fuels tend to result in higher rotor over-

speeds in case of a load shed and require a shorter valve closing time.

The next major advancement in gas turbine simulation was the Inter-Component
Volume (ICV) method developed by Saravanamuttoo and Fawke, which
considered the volume dynamics in its calculation [24]. Figure 2-2 (a) shows the

process of ICV calculation. In this method, the flow was treated as discontinuous.
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The gas turbine model was composed of a series of discrete components, each
consisting of two parts: an actuator disk and a lumped volume, as shown in Figure
2-2 (b). The calculation process is shown in Figure 2-2 (c). The component
thermal dynamic block was used for component performance calculation without
considering volume dynamics, resulting in the same mass flow at positions A and
Bl (W, = W,). The volume dynamics block only considered the effect of volume,
leading to a difference in the mass flow at positions B1 and B (W # W5,). At
each time interval, the component flow mismatch was used to calculate the
change rate of component inlet/outlet parameters. The new mass flow was then

used for component work calculation and rotor acceleration rate calculation.

The volume packing effect had been extended from the main component volume
to additional secondary air systems that include rotating pump components (such
as rotating cavities between compressor or turbine disks), pressure loss
components (such as pipes, labyrinth finned seals, orifices), and volume packing
components (such as ducts and cavities) by Chuankai et al. [25]. Similar to the
ICV method, the method modified the component outlet mass flow and the
enthalpy based on the change in volume parameters. After the simulation on a
turbofan engine during the acceleration and deceleration process, it is found that
the disk cavities will significantly reduce the coolant flow for the turbines and

might lead to potential adverse transient thermal load on the engine.
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Several studies have examined the choice of the ICV method. Chung et al.
developed a dynamic model based on governing equations to investigate the
compressor stall effect on aero-engine transient performance and the
effectiveness of stall recovery control strategies [26]. The model consisted of
various components represented by 1-D and 2-D control volumes. According to
the authors, the developed model was capable of simulating in-stall transients
induced by inlet temperature ramping, main burner fuel pulse, and inflow bleed.
However, the authors also noted that the heat transfer effect, transonic effect,
and start stall effect should be included in further analysis. The immediate effects
of water ingestion on the transient performance were investigated by Haykin and
Murthy by establishing a generic, high bypass ratio engine model that was based
on the ICV method [27]. The mass fraction of the water varied from 0% to 8%,
and effects on the air compression system and burner were considered. A non-
linear relation between the change in compression subsystem performance and
the amount of water is found, and this change in compression subsystem
performance will have an unmanageable effect on engine transient performance,
especially during engine deceleration when water mass fraction is high. The
steady-state and transient performance of a twin-spool mixed-flow turbofan
engine was investigated by Yadav et al. [28]. The method used was a modified
version of the ICV method. Different from the other researchers who validated
their data with experimental data, the validation was against the result from the
Gas turbine Simulation Program (GSP). The transient performance of externally
fired mGTs was investigated by Traversoet al. based on the TRANSEO platform
[29,30]. The ICV method was implemented with the consideration of
interconnecting volume between two consequent components. The simulation
outcome was compared with experimental data and showed good accuracy.
Wang et al. investigated the gas turbine fuel system based on the ICV method
[31]. The simulation outcome showed that the fuel system would delay the
transient performance for 0.5 seconds. Shamekhi et al investigated the transient
performance of a concentrated solar power mGT during the start-up phase based

on the ICV method [32]. Validation was provided for both sub-element (solar
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receiver and recuperator) performance and overall transient performance, and a

good agreement with errors less than 0.6% was achieved.

CMF and ICV methods have their advantages and disadvantages and will lead
to a different component transient working line. Saravanamuttoo and Fawke
noted a significant difference between these two methods on the compressor
working line when there was a rapid change in fuel flow. In Figure 2-3, an
instantaneous move from 0 to 0’ then up the line 0’1 (line A) can be found when
using the iterative method. However, the working line by using the ICV method
would follow line B [33]. It was also mentioned that the CMF method required
more calculation time per point due to the iterative process but could take a larger
time step, while the ICV method required less calculation time per point, but a
smaller time step was necessary. The CMF method was suitable for long-term
transient simulation due to its larger time step tolerance, while the ICV method
was more suitable for short-term transient simulation. Nishi and Sawada
mentioned that when the complexity of the engine increases, the convergence in
the CMF method would become more difficult to meet and would lead to a longer
calculation time [34]. Pilidis also highlighted the strengths and weaknesses of
each method [35]. He mentioned that convergence in the ICV method was
occasionally difficult and depended on the choice of time step length. With an
unsuitable time-step length, the convergence time of the model was longer and
may even slightly oscillate [17]. Naylor pointed out that the ICV method was more
suitable for fast transient simulation, while the CMF method was more suitable
for slow transient simulation, where the assumption of zero mass flow
accumulation within components was more justifiable [36]. Additionally, Rahman
and Whidborne reported that the CMF method was slightly more accurate than
the ICV method [37]. However, the calculation speed and suitability for complex
gas turbine models made the ICV method more appropriate for real-time transient
simulation [17].
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Figure 2-3 The comparison of operating trajectories for CMF and ICV method

The ICV method, while considering volume dynamics, assumed that pressure
propagates immediately throughout the volume, which could lead to inaccuracies
when the volume is large. To address this issue, the Pressure Wave in Volume
(PWV) method was developed by Li et al in 2001 [38]. The PWV method
considered four types of pressure waves (PW): PW from the turbine, PW
reflection from the nozzle, PW reflection from the turbine, and PW passing
through one another. A comparison between the PWV and ICV methods was
illustrated based on the simulation outcome of a two-spool turbojet engine. The
author stated that the PWV method reflected better gas turbine transient
performance. Although the difference between the two methods was small, it
could be bigger when considering large volumes such as a bypass duct.
However, due to a lack of testing programs and data, the accuracy of the
predicted pressure wave effect on the gas turbine transient performance is
difficult to validate. The calculation time was also significantly increased, taking 8

minutes compared to 5 seconds for the ICV method.

A hybrid approach that combined ICV and CMF methods was developed by
Rahman and Whidborne [37] to alleviate the weaknesses of CMF and ICV
methods (slow calculation speed for the former and lower accuracy for the latter).
The idea was to use the ICV method to calculate the mass flow accumulation
inside the component volume and then utilize the CMF method to solve the

thermodynamic algebraic equations associated with each component. A three-
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spool turbofan engine was selected, and a deceleration transient process was
simulated in the hybrid and CMF methods. Results showed that the hybrid
approach provided results close to those of the CMF method but with significantly
faster calculation speed. However, the turbine map used by the CMF method was
based on the enthalpy work function, while the hybrid method was based on the
pressure ratio. This difference in the turbine map resulted in offsets in compressor
working lines, especially for the high pressure compressor (HPC) working line.
Nevertheless, the hybrid approach had the potential to improve accuracy
compared to the ICV method [39].

Apart from the PW problem mentioned above, the ICV method was prone to slow
convergence because it required interaction with the components' map. This was
observed under certain conditions, such as when the compressor speed line was
nearly horizontal and one pressure ratio corresponded to different mass flow
values. To address this issue, Li proposed the imbalanced mass flow (IMF)
method in 2019 [40]. The IMF term was calculated using volume dynamics and
was added to the corresponding component to rebalance mass flow during the
iteration process. This method combined the advantages of the traditional ICV
and CMF methods, presenting the effect of mass storage and having no
limitations on map reading due to its iterative matching procedure. However,
when comparing the outcome with the CMF and ICV methods, a maximum
difference of 9.8% was found, higher than other researchers' outcomes. Also, the

author didn’t mention the time step and calculation speed of the methodology.

2.1.2 Black Box Approach

The black box approach, also known as a data-driven based model, differs from
the white box approach in that it relies on operational data from system
performance measurements or data generated through physics-based models.
Instead of focusing on dynamic equations, thermodynamic relationships, and
energy balances, the black box approach focuses on the relationship between
input and output data. One of the most significant methods in the black box
approach is the use of artificial neural networks (ANN). ANNs are computing

systems comprised of simple, highly interconnected processing elements
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(neurons) with linear or non-linear transfer functions. These elements process
information by dynamically responding to external inputs [41]. The use of the ANN
models in gas turbine transient simulation emerged much later than the white box
approach, and a limited number of studies focused on transient analysis because
most of the ANN models were mainly used for static performance analysis[42].
However, despite limited research, the black box approach is still worth
discussing as it may be one of the main development directions. Chiras et al.
reviewed the initial development of black box methodologies [43]. Asgari and
Chen also includes a brief review of black box approach development [41]. There
are different types of ANN, including (but not limited to) multi-layer perceptron
(MLP), radial basis function neural networks (RBF), convolutional neural
networks (CNN), modular neural networks, and recurrent neural networks (RNN).
These ANN models can be split into two categories: static (feedforward) neural
networks (including MLP, RBF) and dynamic (feedback) neural networks
(including RNN). This section will cover static networks, dynamic networks, and
other black box approaches. However, only directly linked ANN based gas turbine

transient performance models will be described in detail.
2.1.2.1 Static Network (Feedforward)

Static neural networks are the simplest neural networks and are characterized by
memory-free non-linear equations, which means that there is no feedback
element and no delay in the network. Therefore, the output parameters of the

static neural network only depend on the current values of the input parameters.

The MLP neural network (NN) is the best-known type of static network model
[41]. The MLP NN is composed of an input layer, one or more hidden layers, and
an output layer. Dot products are applied between inputs and weights. And
sigmoidal activation functions are normally applied to the hidden layer. A simple
structure of an MLP NN model is illustrated in Figure 2-4, where the blue dots
represent the input layer, the orange dots symbolize the hidden layer where the
estimation takes place, and the green dots depict the output layer. All connection
weights and the hidden layer will be trained during the learning process to
minimize the forecasting error of the NN.
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This kind of model was simple and easy to train and had been used by Ruano et
al. to analyze the shaft speed dynamic of the Rolls-Royce Spey engine [44]. Two
topologies of MLP NNs, with one and two hidden layers, were experimented with.
It was concluded that MLP NN can provide a promising outcome, and MLP NN
with two hidden layers can provide a more accurate outcome. Gambarotta et al.
used MLP NNs to simulate the transient performance of mGT [45]. Instead of
applying the black box approach to the whole system, only the compressor and
turbine were considered. It was reported that using MLP NNs could reduce the
calculation time and make the simulation suitable for real-time simulation. A lack
of a methodology that can generate a good set of training data for the whole
operating range and the flight envelope was mentioned by Rezvani et al. [46]. To
fulfil this area, the MLP NN was used with the combination of the design of
experiments methodology. The input data for the NN were altitude, Mach number,
ambient temperature and fuel flow profile, and the net thrust, turbine entry
temperature, and compressor corrected mass flow were the outputs of the NN.
The simulation outcomes had been compared with the physically based model,
and the differences in outputs were controlled within 2%. Rahnama et al. also
used the MLP NN model to predict the performance of the GE 9001EA heavy-
duty gas turbine[47]. Air temperature, shaft rotational speed, fuel stroke reference
and inlet guide vane position were the input of the MLP NN and were used to
predict the electrical output power and exhaust temperature of the gas turbine.
The mean squared error for output power and exhaust temperature is 0.355 and
17.708, separately. It was mentioned that the MLP NN has the potential to offer
a more accurate outcome than conventional non-linear models. Khalili and
Karrari compared the MLP NN based gas turbine model with the white box based
model and the outcome showed that the MLP NN based model could offer better
accuracy on predicted power output and exhaust gas temperature [48]. Koleini et
al. investigated the effect of hidden layer number on MLP NN prediction accuracy
for gas turbine exhaust gas temperature prediction during transient [49]. It was

concluded that the model with more hidden layers had a better capability.
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Input Layer

Figure 2-4 A simple structure of an MLP NN with input, hidden, and output layers

Another feedforward network is the RBF NN. Like the MLP NN, RBF NN also has
the input, hidden, and output layers. A simple structure of an RBF NN model is
illustrated in Figure 2-5. However, between the input and hidden layers, a non-
linear transformation containing radial basis activation functions is utilized.
Besides, a Gaussian function is used in the hidden layer as the transfer function
in computational units. Compared with MLP NN, RBF NN needs a smaller
number of hidden layers (one hidden layer is quite enough). Networks of this type
can speed up and simplify data processing. Depending on the case, it is typically
observed that the RBF NN requires less time to reach the end of training than
MLP NN. However, RBF NN needs more training requirements due to the radial

basis functions between the hidden layer and output layer.

Kim et al. utilized an RBF NN to calculate the performance of a gas turbine for
aircraft engines during transient operations [50]. The input parameters used for
training the RBF NN were the altitude, flight Mach number, fuel mass flow rate
and additional power due to the moments of inertia of the rotating parts. The
output parameters in the data-driven model were engine net thrust, shaft rotating
speeds, the pressure and temperature at each station and efficiencies. Two types
of RBF NNs were investigated. One was the conventional structure with no
iterative process. The other was a proposed model with an iterative calculation.
It is mentioned by the author that the latter RBF NN that includes an iterative

calculation can offer a better similarity with the first principal model based on
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NPSS. Wu also applied an RBF NN to estimate the transient performance of a
split-shaft gas turbine [51]. The model was first used for predicting the
characteristic curve of the compressor and then for the transient performance
prediction. It was mentioned by the author that the RBF model had higher training
speed and better time control performance and it was suitable for dynamic

simulation which has a higher time requirement.

Input Layer

Output Layer
Hidden Layer

Figure 2-5 A simple structure of an RBF NN with input, hidden, radial basis
function and output layers

2.1.2.2 Dynamic Network (Feedback)

A dynamic neural network is a type of neural network that can change its structure
or topology during runtime based on the input data it receives. In other words, the
network can adjust its architecture to best fit the input it is currently processing.
This is in contrast to a static neural network, which has a fixed structure and
cannot change its architecture during runtime. A comparison between the static
neural network and the dynamic neural network has been investigated by
Ibrahem et al. [52]. There are several types of dynamic neural networks, such as
RNN, which have a "memory" that allows them to process sequences of variable
length, and transformers, which use a self-attention mechanism to weigh the
importance of different parts of the input sequence. Based on the comprehensive
review, non-linear autoregressive exogenous (NARX) models, which is a type of

RNN, are commonly used by researchers [53]. In this section, research related
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to the application of the NARX model on gas turbine transient simulation will be

focused on.

NARX is a non-linear autoregressive network with exogenous inputs [54]. It has
a recurrent dynamic nature and is commonly used in time-series modelling.
During the training process, the root mean square relative error (RMSE) is
commonly used to determine the goodness of the training outcome. The structure
of a typical NARX network is shown in Figure 2-6. The blue dots represent the
input layer, the purple dots represent the recurrence layer, the orange rectangle
symbolizes the NARX hidden layer where the estimation takes place, and the

green dots depict the output layer.

Input Layer

Hidden Layer

Output Layer

_____ @H

1 Recurrence

- -

Figure 2-6 A schematic of a typical NARX network

NARX models had been used to estimate gas turbine transient performance in
many studies. The transient performance of mGT in non-isolated mode was
investigated by Jurado based on the NARX model [55]. Intentionally tripping one
generator was simulated, and it was found that the whole system needed 5
seconds to return stability. Asgari et al. developed a NARX model to simulate the
start-up simulation of a heavy-duty gas turbine [54,56]. The model consisted of
three input variables and four output variables. The inputs were compressor inlet

temperature, compressor inlet stagnation pressure, and fuel flow rate. The
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outputs were compressor outlet temperature, turbine outlet temperature,
compressor pressure ratio, and rotational speed. After training, the RMSE for the
four outputs was limited to 12%. To verify the models, they were tested against
three other available experimental data sets. The results showed that the NARX
models can effectively capture and predict GT dynamics during the start-up
process. The deviations between measured and simulated values were generally
acceptable, with compressor and turbine outlet temperatures having a maximum
deviation of approximately 3.5%. However, deviations could be higher for
compressor pressure ratio and rotational speed, with maximum deviations of
7.4% and 7.1%, respectively. A further comparison between the open-loop NARX
model and the close-loop NARX model was investigated by Asgari et al in 2021
[57]. It was concluded that the open-loop NARX model had a better performance
with higher accuracy compared to the closed-loop NARX model. Yu et al. [58]
employed fuel-air-ratio and ambient conditions, including flight altitude and Mach
number, as input values of a NARX model to simulate the transient performance
of a turbofan engine. Among the four established NARX models, the best one
could have a fitting degree of 96.43% on LP shaft rotational speed and 96.95%
on HP shaft rotational speed. Bahlawan et al developed a NARX model for a
heavy-duty single-shaft gas turbine to investigate the cold, warm and hot start-up
transient performance [59]. 14 measured time series (6 for cold start-up, 6 for
warm start-up, 2 for hot start-up) were selected to train the NARX model.
However, the author did not give detailed information on the input data series.
The RMSE values for the estimated compressor outlet temperature, turbine outlet
temperature and rotational speed were controlled within 2% when the value is
within 2.5% for the compressor pressure ratio. To address the single neural
model’s limitations (low accuracy when the model operates outside the field in
which it was trained and long training time), an ensemble of multiple-input single-
output NARX models had been developed by Ibrahem et al [53]. This model used
different configurations to represent each output parameter with the same input
parameters. According to the author, the novel model could represent the

transient performance of a three-spool aero-derivative gas turbine engine during
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the full operating range with good accuracy, even with different input scenarios

from different operation conditions.

Except for the NARX models, the ability of deep learning and machine learning
techniques to predict gas turbine transient performance had been investigated by
researchers. A machine learning-based model of a single-shaft gas turbine was
developed by Asgari and Ory in 2021[60]. RNN was employed to train the
datasets of the GT variables. The results demonstrated that the RNN models
were capable of performance prediction of the system with high reliability and
accuracy. A deep learning convolutional neural network was developed by
Alsarayreh et al to predict the transient performance of a duel-fuel gas turbine
[61]. The inputs for the model were the natural gas, control valve, pilot gas control
valve and compressor variables, whereas the outputs for the model are output
power, the exhaust temperature and the turbine speed or system frequency.
However, the comparison with a NARX model showed a slight inferiority in the

accuracy of the deep learning model.

2.1.3 Summary

Based on the discussion above, Table 2-1 summarizes the advantages and
disadvantages of different methodologies. Since the linear model for the white

box approach is no longer focused, they are not taken into comparison.
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Table 2-1 Comparison between different transient simulation methodologies

Method Advantage Disadvantage
, , Only considering the shaft dynamic
e Suitable for long time step . Unsuitable for complex gas turbine
CMF [15] e Suitable for long-term transient model
simulation Long calculation time for complex
e Higher accuracy engine models
e Suitable for complex gas turbine model High requirement on time step choice
ICV [24]. e Considering the volume dynamic effect Map reading problem .
e Faster calculation speed per point Lower accuracy compared with CMF
White box e Suitable for real-time transient Method
h e Faster calculation speed than CMF
approac . method _ o
Hybrld [37] ° Comparab|e accuracy Compared with Offset in compressor Worklng line
CMF method
e Easy to be implemented
PWV [38] e Consideration of PW effect Significantly increased calculation time
Relative lower accurate
IMF [40]. e No map reading problem Unknown time step choice and
calculation speed
MLP [41] e Simple and easy to train Long training time compared with RBF
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Black box

approach

Relatively higher accuracy compared
with MLP

RBF [50] Low requirement on the number of e Higher training requirement

hidden layers

Short training time

High capability e Longer training time and more complex
NARX [52] More suitable for dynamic condition J J P

Higher generalization capability

structure compared with static network
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2.2 Heat Transfer Effect on Transient Performance

The large temperature difference between the engine metal and the main gas
path during the transient process produces a large heat flow, significantly
affecting engine performance during and after transient control [36]. As research
on gas turbine transient performance prediction continues, discrepancies
between simulation and experimental results have led to the identification of heat
transfer effects that affect the transient operation of engines. Heat transfer effects
refer to the effects coming from the heat exchange during the gas turbine
transient process, including the heat soakage effect, tip clearance effect, and
component characteristic change effect. Heat soakage is the process of heat
transfer between the working fluid and the engine component, while the tip
clearance effect results from changes in clearance due to temperature,
centrifugal force, and pressure difference. Component characteristics are
described by the component map, which can be affected by changes in working
flow physics. An illustration of the heat transfer effects on the performance of the
components is shown in Figure 2-7. A brief introduction to the heat transfer effect
was provided by Hashmi et al. [62]. MacCallum used the term 'thermal soak' to
summarize the effects, which refer to the performance difference from the
equilibrium performance after rapid acceleration and deceleration [63]. These
effects significantly influence the engine acceleration or deceleration time and the

rate of change of aerothermodynamic parameters [64].
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Figure 2-7 Heat transfer effects on the performance of the components

In this section, the heat soakage, tip clearance, and component characteristic
change effects will be discussed separately. The methodology development and

application will also be included.

2.2.1 Heat Soakage Effect

When investigating gas turbine steady-state performance, it is reasonable to
assume that the compression and expansion process occurs adiabatically
because the heat flows are exceedingly small compared to engine component
powers [36]. However, during the transient manoeuvre, the heat transfer between
the primary gas path and engine components is too big to ignore and will affect
component performance. The large temperature leads to a large heat flux, which
can lead to non-adiabatic expansion and compression both during and after a
transient manoeuvre [63]. Also, some engines can consume a typical additional
30% energy excess to reach a new higher steady state operating temperature
due to the thermal soakage [65]. According to the research findings, it was
discovered that heat soakage causes a delay in the transient response of gas
turbines. Specifically, during the acceleration phase, there is a reduction in the
rate of increase of engine thrust and shaft rotational speed (PCN). Conversely,

during deceleration, the rate of decrease is reduced. In this section, the
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methodology development of heat soakage analysis and the effect of heat

soakage on gas turbine performance will be discussed.

The significance of the heat soakage effect was first mentioned in 1968 by
Bauerfeind [66], who simulated a two-spool turbofan engine to introduce the heat
soakage effect. Additionally, MacCallum identified the transient factors that may
impact the performance of a simple jet engine after rapid acceleration [63]. To
analyse the effect of heat absorption, he utilized the F parameter as a correction
factor for the polytropic efficiency. The F parameter was determined as the ratio

of the heat transferred from the air to the work transferred from the air.

The F parameter method can predict the heat absorption effect, but it is more of
an empirical formula for polytropic efficiency modification. To improve the
simulation, the lumped parameter method (LPM) for heat soakage calculation
was introduced to gas turbine transient simulation by Fawke and Saravanamuttoo
[67]. The mean temperature based on the component inlet and outlet temperature
is used to determine the values of the Prandtl number, thermal conductivity, and
viscosity for the gas to calculate the heat transfer coefficient (HTC). However, for
each component, only one HTC value is applied, making the investigation of the
heat soakage affect an approximation. Based on the simulation outcomes for
acceleration and deceleration, it was found that the operating path of compressor
characteristics had not been significantly affected. Khalid and Hearne provided a
full description of the LPM in their transient performance heat soakage model,
which was used to investigate the heat absorption effect on a two-spool turbofan
engine. [68]. The basic idea of LPM is that the interior temperatures of bodies
remain essentially uniform at all times during a heat transfer process. During the
process, the heat absorption of compressors and turbines was taken into
consideration, except for the combustor. They also considered the effect of
turbine cooling flow variations, control temperature sensor response and tip

clearance variations, which will be discussed in subsequent sections.

LPM offers a convenient way to simulate the heat transfer between the solid and
fluid. However, it assumes that the fluid temperature keeps constant during the
heat transfer process, leading to overestimating the heat flux. Naylor moved the
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LPM a step further by considering the fluid temperature change during the heat
transfer process [69]. The stream method improved the original LPM. But it
needed a specific gas turbine component structure to build the model. So, a
thermal network model was developed by Visser and Dountchev to offer a more
generic heat soakage estimation [70]. In the thermal network, several heat sinks
represented the components. Each heat sink was calculated by the LPM method
and then connected using Non-linear Differential Equations. With the link among
each heat sink, the original 0-D thermal recuperator model can be seen as a
quasi-1D model (in radius direction). However, this method had the same
limitation as the original LPM. It could not represent the heat transfer process
inside parts, and there would still be errors for complex heat transfer patterns.
The stream method and the thermal network improved the LPM. However, the
heat calculation between the surface to surface is still discontinuous. A real 1D
method is still needed. Zhuojun fulfilled this gap by extending the original 0D
method in the axial direction [40]. In the 1D method, each solid component was
no longer treated as one point located at the centre of mass. By using the integral
method, the temperature distribution along the component could be simulated
with much more accuracy. However, temperature profile, area, and mass
distribution along the length of turbomachinery were considered linear, which was

inconsistent with the fact.

The finite element method (FEM) was introduced by Chapman et al. to estimate
the heat transfer rate between the high pressure turbine (HPT) shroud, as well
as the disc, and the working fluid [71,72]. Compared to the LPM, the finite element
method provides a more detailed representation of the internal temperature
distribution and can be applied more easily to components that consist of two
materials. The central forward finite difference method was utilized when solving

partial differential equations.

Both the LPM and FEM have their advantage. Progress had been made by
creating a quasi-one-dimensional heat transfer model that combined both LPM
and FEM by Chen et al. [73]. In this new model, the internal nodes in FEM had

been replaced with lumped engine components, such as a lumped compressor
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stage or a lumped combustor. This allowed for the consideration of all engine
components with proper settings. Additionally, the new internal nodes could
account for heat conduction and radiation, whereas the original LPM only

considers heat convection.

The methodology mentioned above can be concluded as the replacement
structure model (RSM) [74] because the idea is to use mathematical equations
to represent the components in the gas turbine. However, there are two other
models: the impulse response model (IRM) and the state-space model (SSM).
The idea of IRM is to calculate the impulse response g(t) when subjected to a unit
impulse input. For the SSM, the idea is to calculate the temperature change using
the state equation. Riegler proposed an IRM-based method whereby primary gas
path heat soakage is calculated non-dimensionally using Biot and Fourier

numbers[75].

The method describing heat transfer phenomena depends linearly on
temperature. Therefore, steady-state and transient phenomena might be
modelled separately, and the effects might be superimposed. However, Naylor
pointed out that the workings of the method presented were still based on Nusselt
numbers for flow through tubes, mean component inlet and outlet temperatures,
and mean component temperatures [36]. Merkler et al. developed an SSM-based
model for disc temperature calculation [74]. Both IRM and SSM have their
advantage. However, after a comprehensive review, it shows that the RSM is the
best popular model since it directly indicates the physical process during the heat

transfer process.

After discussing the heat soakage calculation, it is necessary to discuss the heat
soakage effect on component performance. A common way was to assume that
the compressor and turbine were still working at the adiabatic condition [76]. Part
of the heat transfer occurred before the adiabatic component process, and the
rest occurred after the adiabatic component process. This would only affect the
component inlet and outlet temperature instead of modifying the component

power [77]. However, some researchers believe that the heat transfer process
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will affect the compressor and turbine power [70,78]. And a modification of the

component power should be included.

The above discussion illustrates the development in heat soakage methodology
development. Significant progress had been made to improve the accuracy
during the heat transfer calculation. However, since the LPM offers a convenient
way to simulate the heat transfer between the solid and fluid, it has been used in
extensive research. Zhili and Kuo developed an unstable heat exchange model
being used in gas turbine transients [79]. The difference between their work and
Khalid and Hearne’s work was the choice of HTC. In Khalid and Hearne's
investigation, only turbulent flow was considered. But both the laminar flow and
turbulence flow were considered in Zhili and Kuo’s work. Unfortunately, they
didn’t compare their outcome with the experiment data. In 2001, Stamatis and
Mathioudakis also included the heat transfer effect in their real-time engine model
[80]. LPM was being used, but the choice of HTC was different. However, the
LPM was only applied to the compressor and turbine blades and casings for
simplification. Hu and Xiaochun applied Khalid and Hearne’s on a different gas
turbine engine [81]. With the same simulation environment, they compared their
outcome with Maccallum’s work, and it showed that the LPM had a better
prediction than the F parameter method. Tagade developed a gas turbine
simulation model for the startup to shutdown process of a twin-spool turbofan
engine [82]. The model takes into account thermal transients, shaft transients and
gas dynamic transients. In the thermal transient simulation, LPM is used. Alves
and Barbosa built a regenerative-cycle gas turbine model that considered friction
and non-adiabatic volumes [83]. The importance of the heat soakage effect in the
micro-turbine engine was mentioned by Davison and Birk [84,85]. The engine
model was validated against the experimental data. Although there were
overestimations in the transient performance, the correlations were good. The
heat soakage model was closer to the experimental data compared with the CMF
model. Qiuye used the lumped parameter method to analyze a two-spool engine
transient performance [77]. Their work was similar to Zhili’s, but they moved one
step further to compare the simulation results with experimental data. Besides,

they correct the Nusselt number of compressor blades by taking both laminar flow
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and turbulence flow into consideration. Vieweg introduced the transient heat
soakage code within the DLR’s in-house gas turbine simulation framework GTlab
and compared the outcome with the engine data[76]. The code uses the lumped
parameter method but improves the method by using a scaling process to avoid
manually updating the HTC. With that, only the design point needs to be
estimated by the user. Then, the heat soakage code was extended to allow for
heat transfer among different components, bleed flows, and the environment [86].
Ferrand investigated the turboshaft engine power losses caused by heat soakage
in the combustion chamber [87]. However, with the method developed, there is
only a maximum correction of 0.55% of the design speed, which shows that it is
not sufficient to correct the heat soakage effect only considering the combustion
chamber. Kim et al. developed a simulation tool for the dynamic behaviour during
the start-up of heavy-duty gas turbines [88]. They adopted a multi-segment model
instead of using a single control volume model where the compressor was
calculated group by group and the turbine was calculated stage by stage. Besides,
they used iterative calculations at each control volume to have a more accurate

outcome.

Based on the discussion above, a comparison between features considered by
different heat soakage models is listed in Table 2-2. It can be found that current
state-of-art heat soakage model does not consider the combustor temperature

distribution and cooling technologies.

Table 2-2 Comparison between different heat soakage model

Author Heat Soakage Model Combustor Model Cooling Model
Naylor (2004) [69] 2D Model No No
) Mean Temperature
Visser (2015) [70] 0D Model No

Model

) Mean Temperature
Qiuye (2017) [77] 0D Model No
Model
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i Mean Temperature
Vieweg (2017) [76] 0D Model No
Model

Kim (2018) [88] 1D Model Not Mentioned No

] ] Mean Temperature
Fengping (2019) [73] Quasi-1D Model Model No
ode

] Mean Temperature
Zhuojun (2020) [40] 1D Model No
Model

2.2.2 Tip Clearance Effect

During transient manoeuvres, gas turbines are expected to experience varying
thermal and mechanical loading that can lead to small changes in the axial and
radial dimensions of the components. These changes are caused by three main
reasons: (1) The thermal growth due to the change in component temperature;
(2) The centrifugal stresses on the rotating components; (3) The pressure
stresses on the static components. Due to the change in radial dimensions of the
components, the tip clearance of compressor and turbine will change during the
gas turbine transient manoeuvre. Change in tip clearance will affect the
secondary loss in flow passage and lead to change in component efficiency,
which further effect the gas turbine transient performance. In this section,
progress in tip clearance prediction and component performance modification will

be discussed.

When estimating thermal growth, it is strongly linked with the heat transfer
calculation that was discussed in Section 2.2.1. Based on the discussed LPM,
each component was treated as a node with the mass at the centre of it, and the
component temperature was known at each time interval[36]. It is easy to apply
the thermal expansion equation to the lumped component. With the setting of the
reference point, the deflection due to the temperature change can be estimated
[89]. Progress had been focused on the development of a more accurate mean

temperature prediction method. Kypuros et al. established a 1-D analytical
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method to have a better mean temperature prediction on the temperature
distribution along the rotor width direction and the casing radius direction [90,91].
FEM was used by Pilidis and MacCallum to develope a model for blade tip
movement as well as seal clearance change [92]. The model represented a deep
disc rotor with three elements: a thick hub, a thin diaphragm and an outer section
or rim. Naylor applied the same idea to his ring method when calculating the disc
radius change [36]. In the ring method, the disc was divided into small rings
(typically 5 to 6 rings), and the overall radius change was the sum of the
displacement of all the small rings. MacCallum developed a 2D disc temperature
distribution model [93]. The geometry of the disc has been divided in the radial
into 20 increments and then in the axial direction into 10 elements. The effect on
the choice of the number of elements had also been studied, and it was found
that the change in the average temperature was under 1K when increasing the
axial elements to 14. Chapman et al. established a 1-D FEM model to predict the
thermal displacement of the turbine shroud (along the radius direction) and rotor
(along the thickness direction) [71,94]. Sheng et al. improved the thermal
expansion model by considering the temperature-dependent heat expansion
coefficient and made the simulation time suitable for real-time transient simulation
[95].

Instead of using the mean temperature for thermal displacement estimation, it
can be estimated directly based on the temperature field. Fang et al. derived the
basic equation of the temperature field of uniform thickness and single rotor disk
and then it was used to estimate the thermal expansion by integration [96].
Compared with the original thermal expansion method, this method considered
the temperature difference along the disc radius. However, the calculation

process was much more complex since it needed to solve the Bessel equation.

Another way is to express thermal displacement as an exponential function of
time. It was known that the component temperature could be expressed as a
function of time. Since the thermal growth of the component was directly
proportional to the component temperature, it was able to express the thermal

growth as an exponential function of time [68]. With the estimated thermal
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expansion, the total tip clearance change can be estimated with the consideration

of centrifugal stress and pressure stress.

The displacement caused by centrifugal force is also important during the tip
clearance estimation. Two components are considered. One is the rotor blade,
and the other is the disc. For the blade, a common simplification was that the
blade was assumed as a constant cross-area flat plate [35]. Fang et al. improved
the estimation method by considering a changing cross-section area blade [97].
Instead of the changing cross-section area, the effect coming from the shrouded
turbine blade was taken into consideration by Naylor and Pilidis [35,36]. For the
rotating disc, the centrifugal deformation will be affected by the disc's mass and
the centrifugal force from the blade mass. When considering the disc
displacement due to its mass, it is commonly assumed that the disc has a unique
thickness [96]. When applying this method during the disc displacement due to
centrifugal force, it was suggested that the thickness of the disc should be equal
to the minimum diaphragm thickness of the actual disc profile [35]. The
displacement due to blade mass was not considered by Kypuros et al. and
Chapman et al. and it was mentioned that this force would lead to a 15.9%
difference when estimating the tip clearance movement [95].

The pressure forces will lead to a change in the casing radius [90]. However,
pressure deformation is relatively small compared to the effect from thermal
deformation and centrifugal deformation. In some cases, it was assumed

negligible and was not introduced to the calculation [78].

Research showed that the change in tip clearance will affect component
efficiency, mass flow, and surge margin [98]. Several researchers had
investigated the relationships between tip clearance and component efficiency.
The modification methodology on the tip clearance effect and be concluded in
two ways. The first is the empirical correlation modification, and the second is the
direct modification. The idea of the empirical correlation modification method is
to use the empirical correlation and tip clearance value to modify the component
performance. In 1970, Lakshminarayana derived an expression for the decrease
in compressor efficiency due to the tip clearance change [99]. The turbine
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efficiency modification methodology was raised by Baskharone [100]. This
method had been used by several researchers. Hongmei and Zhili utilized
Lakshminarayana’s equation during the tip clearance change in their transient
study [101]. Jiamei also investigated the tip clearance movement and its effect
on engine transient performance by using Lakshminarayana’s correlation [102].
But only the last stage of the compressor was considered during the performance
modification. An irregular finite volume mesh method for the disc that has
universality was developed by Ma [103]. However, this method was finally applied
to a transient simulation as a post-modification, and it might lead to an error since
the transient performance will be affected by tip clearance change during the
process and might lead to a different working line. The empirical correlation can
offer a relative accuracy modification. However, it is hard to use when a certain
blade profile is missing. Direct modification method is then recommended under
this condition. MacCallum found that the change in compressor tip clearance
caused a reduction in efficiency of 0.4%, and the change in seal clearance
caused an increase in the cooling flow of 0.2% [63]. Walsh and Fletcher
suggested that a 1% increase in tip clearance will lead to a 1-2% reduction in
efficiency and a 2-15% reduction in surge margin[65]. Hourmouziadis and
Albrecht suggested that the exchange rate is in the range of 2% (a 1% increase
will result in a 2% decrease in efficiency) [104]. Shirzadi and Saeidi suggested
that the exchange rate is in the range of 0.8% based on turbine polytropic
efficiency[105]. This method is also applied in GasTurb, where the user can
directly set the ratio between the change in clearance and the change in

component performance [78].

2.2.3 Component Characteristics Change Effect

Changes in clearance and heat absorption can also affect the characteristics of
engine components. The exchange of heat between the main gas path and the
components changes the temperature of the gas path, leading to modifications in
the development of the boundary layer and fluid density [106]. Furthermore,
changes in tip clearance can impact component characteristics, including

compressor efficiency and surge margin.
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The ‘bulk’ effect on compressor characteristics caused by density change was
first investigated by MacCallum [107]. It was found that a reduction in air density
at the compressor outlet led to a decrease in the compressor surge margin. Later,
Grant reported that heat transfer from the wall to the boundary layer affects the
development of the boundary layer, accelerating separation [108]. MacCallum
and Grant developed a method to predict the effects of boundary layer changes
due to heat transfer on the characteristics of an axial-flow compressor [109]. The
method included a predicted mean line method for compressor characteristic
map generation and an empirical correlation for modification. They found that the
thickening of the heated compressor blade boundary layer was more significant
on the suction surface than on the pressure surface, causing a blockage effect
(shown in Figure 2-8). They also proposed an empirical correlation for the change
in flow outlet angle with respect to temperature change. Notably, the angle of
departure had doubled compared to the adiabatic case due to the rapid growth
of the suction surface boundary layer. The method provided a predicted output,
but no experimental data was presented to confirm the theoretical predictions
[110].

——_,_-" “Hot”

= Boundary LaYer

Blade

Figure 2-8 Change in boundary layer development due to heat transfer [109]

Further work was done by Maccallum and Pilidis by developing compressor map
modification empirical correlations for speed line and surge line modification [106]
[111]. This program was then used to analyze the compressor surge margin
movement of a two-spool bypass engine during transient [112]. This similar
method was then be used by Stamatis which allowing the evaluation of the effects
related to heat transfer to the turbine blades on its performance characteristics
[113]. In his research, he considered the effects of thermal dilatation and
boundary layer development and then corrected the turbine map based on them.
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Besides, the blade temperature took the consideration of nonuniform temperature
distribution which will offer a better outcome for the turbine blade. The movement

of the compressor speed line is shown in Figure 2-9.
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Figure 2-9 Compressor speed line movement due to boundary layer effect and

density change [106]

Larjola investigated the effects of heat transfer on both compressor surge margin
and turbine mass flow blockage[114]. His work found that changes in the
boundary layer and air density were responsible for 66.2% of total surge margin
reduction, while clearance change accounted for only 0.02%. Larjola's prediction
method had better accuracy than MacCallum and Grant's, as it considered surge
line movement. In the same year, Crawford and Burwell attempted to
experimentally confirm MacCallum and Grant's findings [110]. Using
experimental data from several "Bodie" transient events, they calculated the total
temperature and steady-state adiabatic efficiency of the unsteady compressor
during the process from take-off power to rapid deceleration and immediate re-
acceleration after idling. Although they found no statistical correlation between
stall margin loss and heat flow, they observed that average heat flow was greater

when the compressor stalled.

Torella investigated the secondary transient effect (heat transfer, packing lag in

the ducts, transient effect in the combustion) [115]. Since the change in
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components efficiency was determined by exit temperature while the exit

temperature depended on the efficiency, an iterative procedure was necessary.

In 2007, Morini analysed the heat soakage effect on the compressor by using a
simple method based on an equivalent variation of the compressor polytropic
efficiency [116]. They concluded that the heat soakage has a high impact at low
shaft speed and negligible impact close to nominal shaft speed. In the same year,
Shah analysed the heat transfer effect on compressor performance [117]. He
raised the idea of non-dimensional heat flux which was a heat transfer rate that
had been normalized by the blade inlet stagnation enthalpy inflow rate. Then he
concluded the correlation of total pressure change coefficient and change in flow

angle deviation with the nondimensional heat flux.

In 2015, Kiss and Spakovszky used Shah’s correlation to analyse the effect on
compressor stall margin during a re-acceleration phase of a Bodie manoeuvre
[118,119]. To illustrate the non-adiabatic transient, they develop the “composite
compressor map” that includes the time-dependent speed line, stall line and
working point. Figure 2-10 illustrates a comparison between the original
compressor map with the composite compressor map, where the map in black
represents the former and the map in colour represents the latter. 7 in Figure 2-10
represents the non-dimensional time, which equals t / t,... Besides, the model
they created also included stage re-matching and deviation effects, which are not
included in current software like NPSS. Compared with the NPSS, the new model
captured an 8.0-point stall margin loss when NPSS is 1.2-point. However, this
method calculates the heat transfer rate g* based on the component temperature
(based on steady-state operating point) and the flow field temperature (based on
adiabatic Bodie transient) in advance. So, the heat transfer rate is not calculated
during the transient operation. This led to some errors in the calculations, but the
magnitude has not been analyzed.
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Figure 2-10 Example schematic diagram of a composite compressor map used to
represent the unsteady properties of velocity and stall lines during transient with
heat transfer [118]

Zhuojun also analysed the component characteristic change in his work [120].
The map update method was similar to the work of Pilidis and MacCallum.
However, the new method enabled the characteristic map to be updated at each
time interval with the updated scaling factor of mass flow, pressure ratio and

efficiency.

A brief description of the different methodologies described above and a

comparison among them is shown in Table 2-3.

Table 2-3 Comparison between different component map modification model

Author Basic Idea Advantage Disadvantage
Pilidis and Obtaining new shaft * Only suitable for
certain compressor
Maccallum rotational speed and surge | Easy to be e High cost of
(1986) [106] | margin based on the implemented modelling
. ) ¢ Limited agreement
[111]. empirical correlation with experiment
Obtaining a new
g e Without considering
Torella (1990) | component efficiency o Easytobe the flow dynamic
[115]. based on the empirical implemented change

_ Low Accuracy
correlation.
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Kiss and Using composite ¢ Only suitable for
Spak c compressor map that e High accuracy certain transient
pakovszky ) ; process
includes heat transfer o Directuse of map —
(2015) instead of modifying | ¢ Heat flow estimation
effect for a certain transient during transient based on adiabatic
[118,119]. orocess condition
e Low accuracy due to
. ling f o direct use of index
Li (2019) Usmg scaling actor to ° Cpn3|der|ng the value from Pilidis
modify the map at each time-dependent and Maccallum’s
[120]. o heat transfer effect work when the type
time interval. on the map of gas turbine was
different

2.3 Transient Simulation Platform

The development and application of gas turbine transient simulation, as well as
the heat transfer effect, are crucial, but the complexity of the system makes it
challenging for researchers to use these methodologies easily. Moreover,
launching each simulation from scratch every time is unrealistic. Therefore, easy-
to-use software that can simulate gas turbine transient processes is necessary.
The development of transient simulation platforms involved three domain
techniques: analogue, digital, and hybrid computing. Maclsaac and
Saravanamuttoo offered a parallel comparison of these three technologies [121],
concluding that all three simulations were complementary to each other and had
their place. Analogue simulations can provide actual time-based results of
complex engines but lack accuracy due to presenting non-linear component
characteristics. Digital simulations are most suitable for detailed studies, but
obtaining real-time results was hard due to slow computer speeds at the time.
Hybrid simulation combined the ease of integration of analogue simulation with
the logic and stored program capability of digital simulation, but the system was
too complex. The development of gas turbine transient simulation platforms will

be discussed in this section.

NASA has made significant contributions to the gas turbine performance
simulation field by developing several codes, including HYDES, DYNGEN,
DIGTEM, DEAN, and others [122-125]. HYDES was a hybrid computer program
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that investigated the dynamics of one-spool and two-spool turbojet and two-spool
turbofan engines using the ICV method. DYNGEN, based on the GENENG
method, was the first digital computer program for steady state and transient
performance simulation, achieving better accuracy using the modified Euler
method [126]. DIGTEM, an advanced version of DYNGEN, was the digital version
of HYDES. DEAN improved DYNGEN by implementing pre- and post-processing
features [127]. In addition to these codes, NASA has developed Onyx, a Java-
based simulation framework that enables direct access to CAD geometry for
mesh generation and visualization software tools. [128,129]. Onyx was
developed as part of NASA's Numerical Propulsion System Simulation (NPSS)
project, which integrates various disciplines to enable numerical zooming
between 0-dimensional to 1-, 2-, and 3-dimensional component codes [130,131].
A illustration of gas turbine model established by NPSS is shown in Figure 2-11.
In NPSS transient simulation, the Predictor-Corrector method was used. The
basic idea of the Predictor-Corrector method is to form a loop. The predictor
equation was used to estimate the initial predictor variable, and then the
estimated variables were used to calculate the dependent derivative term, which
will be used in a corrector equation to form a corrector estimate. The equation
converged if the difference between the predictor variable and corrector estimate
was small enough. Moreover, the volume dynamic was added to NPSS which
filled the gap[132].
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Figure 2-11 Gas turbine model based on NPSS software [133]

In addition to NASA, many other efforts are also being made to develop

simulation systems.

Hirst created a program called SYSTRAN, which might be the first analogue
computer program [134]. The program improved the unstable regimes in the
lumped thermodynamic model created by Saravanamutto. The basic idea was to
find equilibrium conditions independently of dynamic stability by programming the
model differential equations. Merson's 4th-order Runge-Kutta integration
procedure was used to solve the equations.

Cranfield University has also contributed to the development of transient
simulation platforms. In 1982, Palmer and Chengzhong developed
TURBOTRANS, which enabled transient calculations [135]. The program used
Euler's method to replace differential equations with finite difference equations,
similar to the method used in DYNGEN. TURBOTRANS introduced
"Thermodynamic Bricks" to make the program suitable for different types of gas
turbines. Today, TURBOTRANS has been developed into TURBOMATCH, which
is suitable for all types of gas turbine transient simulations. TURBOMATCH

allows users to choose between ICV and CMF methods for simulation. In
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TURBOMATCH 3.0, a user-friendly interface has been developed, making it
convenient for users to build their gas turbine model. The window of
TURBOMATCH 3.0 is shown in Figure 2-12.
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Figure 2-12 TURBOMATCH interface

TRANSEO code was developed by the Thermochemical Power Group at the
University of Genoa based on the MATLAB-Simulink environment[136].
TRANSEO code has the capacity to simulate the transient performance of aircraft
engines and heavy-duty gas turbines, and in 2000 it had been extended to the
microturbine transient cycles. The modularity and flexibility of TRANSEO code
enable the simulation of various engine models and the transition of a stationary
microturbine to a complete hybrid fuel cell system. The volume dynamic effect is

included in the TRANSEO code with the consideration of intercomponent volume.

Chappell and Blevins developed the Advanced Turbine Engine Simulation
Technique (ATEST) [137], which is based on a modular approach and is suitable
for building arbitrary cycles ATEST uses the CMF method (an iterative method)

during the transient simulation and provides capabilities such as multiple
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interstage bleed and modelling of second effects during transient, such as tip
clearance change and low Reynolds number effects. ATEST 3.0 improved on
previous versions with better modelling techniques, component map

representations, and other capabilities [138].

Kurzke developed the GasTurb simulator, a commercial gas turbine simulator
that has been updated to version 14 [139]. It includes several engine models,
such as jet engines, gas turbines, propulsion systems, and power generation, as
shown in Figure 2-13 (GasTurb 12 as an example). In version 14, electric system
simulation and afterburner transient were added. Transient simulation offers a
choice between a simplified model and an enhanced model. The simplified model
uses the CMF method, while the enhanced model includes the heat soakage and
tip clearance effects. However, components with heat exchange are simplified to
a zero-dimensional model with infinite thermal conductivity and uniform
temperature distribution. Transient simulation is only possible after the off-design
performance simulation, and the engine model in the library cannot be easily

modified.
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Figure 2-13 Types of Engines in GasTurb (GasTurb 12) [140]

The GSP, developed by Visser & Broomhead [141], is a user-friendly program

designed to improve upon the weaknesses of DYNGEN. It enhances stability, the
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speed of numerical iteration processes, and the user interface. The GSP window
with an example of a turbofan model is shown in Figure 2-14. In GSP transient
simulation, conservation equations are solved by a modified Euler Equation. The
detailed transient simulation methodology was not illustrated, but the author
mentioned that the simulation was calculated iteratively. So, the CMF method
might be applied. Different from GasTurb, GSP consists of several component
modules or subroutines that allow the user to invoke a single component and
make some changes as needed. This provides greater flexibility and a more
advanced program architecture. Moreover, heat soakage was taken into

consideration in GSP 11.
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Figure 2-14 GSP window with a turbojet engine model [142]

Alexiou and Mathioudakis described the use of a generic object-oriented
simulation tool called EcosimPro [143]. This tool was then used to develop the
Propulsion Object Oriented Simulation Software (PROOSIS) [144]. The
simulation window of PROOSIS is shown in Figure 2-15. Due to the fully
developed friendly interface, this program was suitable for four levels of users
ranging from core library developers to less experienced users who only run

simulations using pre-generated customer decks.
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Figure 2-15 Multidisciplinary aircraft system simulation with PROOSIS [145]

Siemens also developed its own gas turbine performance software Simcenter
Amesim [146]. However, not much detailed information related to its transient
methodology can be found. Based on some researchers' work, the ICV method
can be used in Amesim and the component thermal and materials library can be

utilized for heat soakage analysis when relevant data is available[147].

Based on the discussion above, A brief description of the different methodologies

described above and a comparison among them is shown in Table 2-4.

Table 2-4 Comparison between different gas turbine simulation platform

. Component
Shaft Volume Tip Heat
Software Name ) ] Map
Dynamic Dynamic clearance soakage o

Modification
GasTurb YES NO YES YES NO
GSP YES YES YES YES NO
PROOSIS YES YES YES YES NO
NPSS YES YES YES YES NO
Amesim YES YES NO YES NO
ATEST YES N/A YES N/A NO
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TURBOMATCH
3.0

YES YES NO NO NO

2.4 Research Gap Identification

Based on the comprehensive literature review discussed above, the research gap
for the heat transfer effect on gas turbine transient performance is identified. Two

main gaps are concluded as described below:

1. Current heat transfer effect analysis lacks the consideration of adetailed
combustor heat transfer model
Based on the comprehensive literature review and Table 2-2, the combustor
heat soakage used by other heat soakage model are based on the mean
temperature of inlet and outlet conditions or was even neglected during the
heat transfer effect analysis. However, the temperature distribution along the
combustor liner is non-linear due to the different combustion processes along
the combustor. For conventional rich burn combustor, three zones are
included: primary zone, secondary zone and dilution zone. For the modern
low emission combustors, design like pilot and main stages, premixing are
applied [148]. These will lead different temperature distribution along the liner
and different heat transfer process. In order to have a more realistic prediction
on combustor heat flow rate estimation, a proper combustor model that
consider the temperature distribution should be established.

2. Current heat transfer effect analysis lacks the consideration of cooling
technologies
Based on the comprehensive literature review and Table 2-2, it was found that
the cooling technologies are neglected by other researchers when
establishing the heat soakage model. For components under high
temperature, such as high-pressure turbine, cooling technologies like thermal
barrier coating, film cooling and internal cooling are applied to reduce the
extreme high temperature effect. For combustor, cooling technologies like film
cooling, multijet impingement and transpiration cooling are applied [149]. In
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order to have a more realistic estimation, a heat soakage model with the
consideration of cooling technologies should be developed.

. Creating compressor map modification model for individual engine
components

Compared to the attention given to the heat soakage and tip clearance effects,
the modification of component characteristic maps has received relatively little
consideration. Based on the comprehensive literature review in Section 2.2.3
and Table 2-3, only two novel methodologies have been proposed in the past
20 years. Naylor has highlighted that the most accurate, easiest, and quickest
method for calculation is the component map look-up approach. Current
component performance maps are typically based on adiabatic conditions.
One potential solution is to create diabatic component maps that include the
heat soakage and tip clearance movement effects and use them during
transient simulations. Kiss's method follows this idea, but each composite
map can only be applied to a specific transient process. However, to capture
the effects of heat soakage on the whole engine performance in a variety of
transient operating conditions, a more convenient compressor map
modification model should be implemented. The model should capture
diabatic information on the relationship between heat flux, tip clearance,
rotational speed, and mass flow for engine compressor. Based on the
compressor map modification model, extremely fast and accurate results
under different gas turbine transient conditions can be obtained.

. Current gas turbine simulation platform lacks the consideration of
component map change during transient simulation

Based on the comprehensive review in Section 2.3 and Table 2-4, it is found
that current state-of-art simulation platform does not consider the component
map change effect on gas turbine transient performance. In order to have a
comprehensive view on heat transfer effect, component map change model

should be considered.
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2.5 Author's Publication

This author's research work in the area of heat transfer effect on gas turbine
transient performance resulted in two journal publications which are briefly

mentioned here.

In 2023, a review paper related to gas turbine transient simulation and heat
transfer effect on transient performance is published in applied thermal
engineering with DOI: https://doi.org/10.1016/j.applthermaleng.2023.121523.
This paper discusses the current state-of-art gas turbine transient simulation
methodologies and heat transfer simulation methodologies. This published paper

is related to Section 2 of this thesis.

In 2024, a research paper related to the proposed quasi-2D thermal network
based heat soakage model is published in applied thermal engineering with DOI:
https://doi.org/10.1016/j.applthermaleng.2024.122340. This paper discusses the
improvement in heat soakage model by establishing a comprehensive heat
soakage model with the consideration of combustor temperature distribution, film
cooling, internal cooling and thermal barrier coating. The comparison between
the proposed model and conventional heat soakage model reveals the
importance of a more realistic heat soakage model during gas turbine transient
simulation. This published paper is related to Section 3.3, Section 4.4, and

Section 5.2 of this thesis.
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3 Methodology

3.1 Introduction

The purpose of this chapter is to describe the establishment of the proposed heat
transfer effect model for gas turbine transient simulation modification. Four main
parts are included: the geometry identification model, the heat soakage model,
tip clearance change model and component characteristic map modification
model. Figure 3-1 illustrates the calculation flow of the overall project.

The gas turbine steady stage performance (including design point and off design
point) is calculated in the beginning. Based on the design point performance, the
component geometry calculation is launched to estimate the component mass
and wetted area. Also, the tip clearance datum condition is calculated based on
design point condition. Then, based on the last off design point performance, the
initial condition of each component for further heat transfer calculation is
determined. When the code enters the transient performance calculation, the
heat soakage effect, tip clearance change effect and compressor map change
effect are considered to modify the gas turbine transient performance. During the
heat soakage effect estimation, the quasi-2D thermal network is established
based on the geometry identification outcome. With the quasi-2D thermal network,
the heat transfer process between the gas turbine metal and working fluid can be
estimated and component outlet temperature can be modified. Then the tip
clearance change is estimated based on the component thermal expansion,
centrifugal stress expansion and pressure stress expansion. Compressor and
turbine efficiency are modified based on the tip clearance change. Finally, the
compressor map is updated based on the heat transfer rate by using the
numerical correlations and compressor working condition will be updated.
Through this workflow, the heat transfer effect on gas turbine transient
performance can be analysed with the consideration both thermal (heat transfer)

and non-thermal (mechanical) factors.

This working flow offers a systematic approach for heat transfer effect analysis.

Comparing with other researchers’ work, the novel points are the inclusion of
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important parameters for heat transfer modelling such as combustor temperature
distribution and cooling technologies including film cooling, internal cooling and
thermal barrier coating. Therefore, the proposed model is able to capture the
physics better improving the transient simulation. In the component map
modification part, a novel compressor map modification model is developed. By
using this model, numerical correlations for specific compressor that can be used
to modify adiabatic compressor map into non-adiabatic map during transient
simulation can be derived. A parallel comparison between the proposed model
with other researcher’'s work is shown in Table 3-1. Only researcher’s work in
recent 20 years is selected. GasTurb is included due to it is a representative
state-of-art simulation platform. Li and Naylor's work are included because their
work offer a comprehensive view on heat transfer effect. Kiss’s work is included
because this is the only contribution in compressor map modification in recent 20
years. The area author made major contribution is highlighted in green. The area
author made minor contribution is highlighted in orange. The area author made
no contribution is highlighted in red.

In this chapter, the methodology development for heat transfer effect on gas
turbine transient performance, including component geometry identification, heat
soakage effect estimation, tip clearance change estimation, and compressor map

modification will be discussed.

56



Transient Inputs

Gas Turbine
Transient
Controller

Off Design Results

Engine Inputs

Design Point Results l4 Heat Transfer Calculation

Gas Turbine

e

1 |
| [ |
I [
(B Preliminary Design L | .
| & Design Point L v | an=lent
| Performance I Engine Components Si pTrf?rm\z;\;c,e
1 Simulation | 1 G Calculati Temperature Modification I T i A
| eometry Calculation 1 ] Heat Soakage
| | l 1
! Read & Scale ! ! + : : 1
I Moo 1 Components Tip Clearance Calculation 1 ' Performance
i P
\ P [ Structure Outcome I 1 Madification
I (I l S
] Gas Turbine Off I 1 1 Transient
1 Design 1 Structure Initial 1 1 performance
| Performance 1 Temperature Distribution I " Simulation With
: Simulation I Map Maodification | I Heat Soakage
|
| 7— ———
Steady State Transient Performance
Performance Simulation Heat Soakage Simulation

Modelling
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Table 3-1 Comparison between proposed model

and other models

Heat Soakage

Tip Clearance

Proposed Model GasTurb [140] Li [150] Naylor [69] Kiss [151]
. 1D based on axial
Quasi-2D Model oD o 2D
direction
Considered Considered Considered Considered
Considered Not Considered Considered Considered
Considered Not Considered Considered Not Considered

Temperature Distribution

Mean Temperature

Mean Temperature

Not Considered

Not Considered

1D Model)

0D Model)

0D Model)

Considered Not Considered Not Considered Not Considered
Considered Not Considered Not Considered Not Considered
Considered Not Considered Not Considered Not Considered
1D Model (0]5] 1D 2D
. Considered (Based on Considered (Based on .
Considered Considered
0D Model) 0D Model)
Considered (Based on Considered (Based on Considered (Based on . Not Considered
Considered
1D Model) 0D Model) 0D Model)
Considered (Based on Considered (Based on Considered (Based on .
Considered
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Component Map
Modification

Empirical

Empirical

Numerical

Empirical

Numerical Correlation

High

High

Not Considered

Considered but no
improvement

Not Considered

Composite Map

Low

High
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3.2 Component Geometry Identification

The heat transfer effect is strongly related to the geometry of the components, as
it will affect the components' mass, wetted area, and heat transfer coefficient. The
change in component geometry will lead to a variation in heat transfer rate during
gas turbine transient process and further effect the gas turbine transient
performance. As shown in Figure 3-2, gas turbine will include three main
components: compressor, combustor, and turbine. In this section, the
methodology development of component geometry identification will be
discussed, three components are considered: the compressor, combustor, and

turbine. They will be discussed separately.

>R A

e

. 1Rl
M H 1

‘Nd %}

v

Figure 3-2 Cross Sectional Diagram of Gas Turbine Engine [152]

3.2.1 Compressor Geometry Identification

The gas turbine compressor is responsible for compressing the incoming air. It
typically consists of multiple rotating and stationary blades arranged in rows. The
cross-sectional diagram of a compressor is shown in Figure 3-2. The compressor
includes three main parts: blades, casing and disc. Therefore, the equivalent
compressor geometry model can be made based on the geometry of the flow
path with the consideration of those three parts mentioned above, as shown in

Figure 3-3.
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Figure 3-3 Equivalent compressor geometry model

Before estimating the compressor geometry, several data are required, as listed
in Table 3-2. These data can be categorized into two types: performance data
and geometry data. Performance data refers to the information utilized during the
design point calculation. Geometry data encompasses user-defined component

geometry details, read from the .hhs file elaborated upon in Section 7.8C.1.1.

Table 3-2 Input data during the compressor geometry identification

Parameters Unit
Compressor Design Point Pressure Ratio | N/A
Performance ) .

Compressor Design Point Mass Flow Kals
Data

Compressor Design Point Efficiency %

Compressor number of stage N/A

Compressor shaft radius m

Geometry ) )

Compressor Inlet Hub/Tip Ratio N/A
Data

Design Point Inlet Mach Number N/A

Annulus Configuration N/A
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Compressor Blade Aspect Ratio N/A

Compressor Blade Pitch Chord Ratio N/A
Compressor Mean Blade Thickness % of Chord
Compressor Casing Thickness m

Several assumptions are made during the geometry estimation:

(1) Compressor stage temperature rise is kept constant;

(2) The total temperature crosses the stator is kept constant;

(3) The axial flow velocity at each stage inlet position is kept constant;

(4) Blade is simplified as flat plate, casing is simplified as hollow cylinder and disc

is simplified as hollow constant thickness disc;

(5) The annulus configuration of the compressor is simplified into three types:
constant hub diameter, constant tip diameter, and constant mean diameter, as

shown in Figure 3-4.

Figure 3-4 Different Compressor Geometries

Before estimating the compressor geometry, the gas turbine design point
performance simulation will be launched first to obtain the total temperature and
total pressure at the inlet and outlet position of the compressor. These two values
are used to estimate the temperature and pressure distribution along the
compressor axial direction. The stage temperature rise will be calculated by Egs.

(3-1). With the stage temperature rise and compressor inlet condition, the inlet
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and outlet total temperature of each stage can be determined. Then the stage
pressure ratio can be estimated by using Egs. (3-2) and the axial velocity is

estimated by Egs. (3-3).

T, —T; -
ATsmge _ outl;lt inlet (3-1)
stage
14
Npoty * ATstage y-1 (3-2)
PRstage = T + 1
stage inlet
Tintet -
Vn= [V R: yine 5 *Minier (3-3)
1+ 2 Minlet
Miniet Compressor inlet Mach number
Ngtage Compressor stage number
PRgtage Pressure ratio of compressor stage
R Gas constant
ATstqge Compressor stage temperature rise
Toutiet Compressor outlet total temperature
Tintet Compressor inlet total temperature

Tstage iner  TOtal temperature at each stage inlet plane

| 7% Axial velocity
Npoly Compressor polytropic efficiency
y Ratio of specific heats

With the total temperature and total pressure distribution as well as the mean
axial velocity, the static parameters and the velocity at each stage can be

determined, as shown in Eqs. (3-4) to (3-7).
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& (3-4)

T=t+- c
0=y R+t &9
Miocar = V—m &9
P y—1 ) = (3-7)
E: (1+ > * Miocal )
a Speed of sound
Cp Specific heat
P Total pressure
p Static pressure
t Static temperature

Then, the flow function illustrated by (3-8) and (3-9) will be used for the flow area

calculation.
y+1
Y y—1 ) (_2()/—1)) (3-8)
Q=Mypcar* |35 (1 + ——Miocar >
R 2
4 WNT (3-9)
=g
A Flow area at each stage plane
Q Flow function at each stage plane
w Mass flow at each stage plane

The inlet position geometry will be determined first. Based on the hub tip ratio
and calculated flow area, the tip radius can be estimated by using Egs. (3-10), the
hub radius can be estimated by using Egs. (3-11), and the mean radius can be
estimated by using Egs. (3-12).
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N[ =

A (3-10)

Ttip = 2
11— (Thub>
rtip
_ Thub (3-11)
Thub = Ttip * ——
rtip
Thub + rtip (3'12)
Tmean = T
Ttip Tip radius at the compressor inlet plane
Thub Hub radius at the compressor inlet plane
Tmean Mean radius at the compressor inlet plane

If the annulus configuration is selected as constant tip diameter, then the r;,, will
remain constant for the following stages. If the annulus configuration is selected
as constant mean diameter, then the r,,.,, Will remain constant for the following
stages. If the annulus configuration is selected as constant hub diameter, then
the 1, Will remain constant for the following stages. Combined with the stage
flow area, the geometry of each stage can be determined. Figure 3-5 illustrates
an example of one compressor annulus dimension based on the constant tip

diameter.

0.3
0.25
0.2

0.15

Radius (m)

0.1

0.05

0 2 4 6 8 10 12

Station

Figure 3-5 Calculation Example of the Annulus Dimension of Compressor
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The number of blades for each stage will be estimated by using Egs. (3-13).

Ny =10 Tinean / (s / (APR - PCR)) (49
hy = Ttip — Thub (3-14)
APR Blade aspect ratio
hy, Blade hight at each stage
N, Number of blades at each stage
PCR Blade pitch chord ratio

When estimating the mass and wetted area, the blades are assumed to be flat
plates, the casings are assumed to be hollow cylinders and discs are assumed
to be a constant thickness hollow disc. The chord of the blade is estimated by

using Egs. . itis assumed that the blade stagger angle equals to 45° , which lead

to the stage length equals to g blade chord. Based on the above calculation, the

wetted area of each component part can be determined. Once the material
density is known, the mass can be estimated. Related equations are listed in Egs.
(3-15) to (3-21).

3-15
Chordb = hb/APR ( )
3-16
Ab:Nb’Z’hb’ChOT'db ( )
-17
Ac =12 1y - SL (3-17)
(3-18)

Ad =7T‘2‘Thub‘SL
(3-19)

mp = Ap - Wy - pp/2
(3-20)

me = A¢ - We - p¢
n(D? — D? (3-21)
my = ( h 7 shaft -SL-pd
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A Wetted area of each component part

SL Stage axial length

w Thickness or axial width of component
m Mass of each component part

p Density of the material

3.2.2 Turbine Geometry Identification

The turbine is responsible for expanding the incoming hot gas and extract the
energy to drive the compressor on the same shaft. Similar with compressor, it
also consists of multiple rotating and stationary blades arranged in rows, as
shown in Figure 3-2. The turbine geometry is very similar to compressor, which
also includes blade, casing and disc. The only difference is the inlet area is much
smaller than the outlet area. Thus, the similar geometry identification approach
of the compressor can be applied to the turbine. The equivalent turbine geometry

model is shown in Figure 3-6.

GV R1 S1

Rotor / Stator
Casing

Disc

Figure 3-6 Equivalent turbine geometry model

The required data for turbine geometry identification is listed in Table 3-3. Same

as the compressor, two types of data are required: the performance data and the
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geometry data. For the design point mass flow and efficiency, they are obtained

based on gas turbine design point data, and the geometry data are controllable

input.

Table 3-3 Input data during the turbine geometry identification

Parameters Unit
Performance | 1urbine Design Point Mass Flow Kals

Data Turbine Design Point Efficiency %
Turbine number of stage N/A
Turbine shaft radius m
Turbine Inlet Hub/Tip Ratio N/A
Design Point Inlet Mach Number N/A

Geometry _ _

Annulus Configuration N/A

Data
Turbine Blade Aspect Ratio N/A
Turbine Blade Pitch Chord Ratio N/A
Turbine Mean Blade Thickness % of Chord
Turbine Casing Thickness m

The same assumptions are applied to the turbine:

(1) Turbine stage temperature drop is kept constant;

(2) The total temperature crosses the stator is kept constant;

(3) The axial flow velocity at each stage inlet position is kept constant;

(4) The blade is simplified as flat plate, the casing is simplified as hollow cylinder

and disc is simplified as hollow constant thickness disc;

(5) The annulus configuration of the compressor is simplified into three types:

constant hub diameter, constant tip diameter, and constant mean diameter.
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Then the procedure of compressor geometry calculation can be applied to the
turbine. By using the same method, the wetted area and mass of each turbine

stage can be estimated.

3.2.3 Combustor Geometry ldentification

The combustor of the modern gas turbine engine has three main types: tubular
combustor, tubo-annular combustor and annular combustor. Although the
geometry design of these three types of combustors is different, they can all be
treated as hollow cylinders with certain mass and wetted area. Hence, the
equivalent combustor configuration could be defined in Figure 3-7, where the
green part represents the fuel spray, the blue part represents the combustor outer

casing, and the orange part represent the flame tube.

V // ‘1111111-1“‘\

Flow

Figure 3-7 Combustor Equivalent Configuration

During the combustor geometry design, the outer casing of the combustor will not
be considered since it will not directly contact the high-temperature flame. Only
the flame tube will be considered during the combustor preliminary design. Three
types of combustors are considered: tubular combustor, tubo-annular combustor,

and annular combustor.

Before estimating the geometry of the combustor, several data are required, as
listed in Table 3-4. For combustor pressure loss, it is read from the Turbomatch

input file. For the rest of the data, they are read from the .hhs file.

Table 3-4 Input data during the combustor geometry identification

Parameters Unit
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Performance | Combustor Pressure Loss

%

Data
Combustor Type N/A
Combustor Length m
Geometry
Number of Flame Tube N/A
Data
Flame Tube Wall Thickness m
Combustor Casing Inner Diameter | m

The combustor reference area will then be calculated by using Egs. (3-22).

2 0.5
A = R <W3 ' \/?3> AP3_4 (41133—4)_1
ref 2 P3 qref P3
AqPH Pressure drop factor (PDF)
ref
AP;_, Combustor pressure loss

(3-22)

PDF's value varies for different types of combustors. For the tubular combustor,

the PDF is 37; for the tubo-annular combustor, it is 28; and for the annular

combustor, it is 20 [149].

With the estimated reference area, EqQs. (3-23) will be applied to estimate the

sectional area of the combustor, as we are only considering the flame tube

instead of the entire combustor. Egs. (3-24) will be used to estimate the tubular

and tubo-annular flame tube diameter.

AL =066 Ayes

Dtube = \/AL 4 / (Ntube ' 7T)
AL Sectional area of the combustor

Diupe Diameter of tubular and tubo-annular flame tube
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Niype Number of tubular and tubo-annular flame tubes

For the annular combustor, the structure is illustrated in Figure 3-8. Since the
area is between two hollow cylinders, we need to calculate the outer and inner
diameter of the cylinder by using dR = (D,.; — D,)/2. The equations used for
estimation are listed in Egs. (3-25) to (3-28).

_ Outer casing

Dref

™ Outer flame tube

dR
o
L
,
/ \\ ---- Inner flame tube
//_'\

V‘_

Dinner . )
+ Inner casing

Figure 3-8 Structure illustration of annular combustor

dR = (D3uter = Diner =4+ AL /™) / (8 (Douter + Dinner)) (3-26)
Dtt outer = Douter —2 - dR (3-27)
Dt inner = Dinner +2 - dR (3-28)
Dres Reference diameter of annular combustor
dR Radius gap between casing and flame tube
Dt outer Outer flame tube diameter
Dft inner Inner flame tube diameter
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The flame tube is approximated as a hollow cylinder when estimating the mass
and wetted area. The total mass and wetted area can be estimated by using Egs.
(3-29) and (3-30).

(3-29)
Aburner =T (thouter + th_inner) ’ Lburner

(3-30)

Mpurner = Aburner ' Thburner * Pburner
Lyurner Axial length of the flame tube
Thyurner Flame tube wall thickness

Then, the combustor model will be divided into three parts: the primary zone,
secondary zone, and the dilution zone. It is assumed that these three zones have
the same length, mass and wetted area. So, the zone mass and wetted area are
estimated by using Egs. (3-31) and (3-32).

(3-31)

Azone - § * Aburner

1 (3-32)

Myone = § * Mpyrner

3.3 Heat Soakage Model

The geometry identification model provides the basement of the heat soakage
model. Since the wetted area and mass of each part of each component have
been identified, heat soakage model can be established for each component and
estimate the heat flow rate between the hot gas and the component metal. The
overall calculation flow for the proposed heat soakage model is shown in Figure
3-9. Based on the component identification model, a OD and 1D heat soakage
model suitable for different parts are applied for the heat flow estimation. Then
the component performance will be modified based on the estimated heat flow
rate. In this section, the development of heat soakage models suitable for

different component will be discussed, including heat flow rate estimation model,
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establishment of quasi-2D thermal network and component performance

modification model.
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Figure 3-9 Heat soakage estimation logic during engine transient
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3.3.1 Component Heat Flow Rate Estimation

Based on the geometry identification method mentioned above, the mass and
wetted area for each compressor and turbine stage as well as the flame zone are
estimated. Then, the heat flow rate can then be estimated. In order to have a
more realistic prediction of the heat flow rate, two types of methods are
developed. One is the temperature difference model (TDM), which is a 0D model
and is suitable for low Biot number parts. The other is the control volume model
(CVM), which is a 1D model. It has the capability to capture the internal
temperature distribution and is suitable for high Biot number parts. Three types
of cooling technologies are considered: film cooling, internal cooling and thermal
barrier coating. In this section, the development of the proposed heat transfer

model will be discussed.

3.3.1.1 Temperature Distribution Identification

Before estimating the heat flow rate during the transient process, it is necessary
to identify the temperature distribution in each component. Figure 3-10 illustrates
the temperature distribution in axial direction along the compressor. It can be
clearly found that the temperature remains the same when crossing the stator of
the compressor and rises linearly through the rotor. For each stage, the
temperature rise has a slight difference. So, in our case, it was assumed that
each stage of the compressor has the same temperature rise. In each stage,
temperature rises through the rotor and keeps constant through the stator. The
mean temperature based on the inlet and outlet station of rotor or stator will be
adopted during the heat flow rate estimation. For the turbine, the same
assumption was adopted. The temperature drop of each stage in turbine is
assumed constant. Temperature drops across the rotor and keeps constant
across the stator.
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Figure 3-10 Temperature and Pressure Profile of Compressor

The combustor temperature distribution model is based on the conventional rich
burn combustor. The model divides the combustor flame tube into different zones
in the axial direction, each with its own temperature. Specifically, three combustor
zones are considered: the primary zone, secondary zone, and dilution zone. It is
assumed that 40% of the air will enter the primary zone for combustion, an
additional 50% of air will enter the secondary zone, and the remaining 10% will
enter the dilution zone. Based on the air distribution, the fuel to air ratio at each
zone can be estimated by using

(3-33)

W,
FAR = -2
Wair

The temperature profile for each zone is calculated by Egs. (3-34). Cp is
calculated based on the temperature by using equations listed in 7.8Appendix B.
(3-34)

LHV - FAR *Npyrner = CP - (Tour — Tin)

LHV Lower heating value of the fuel
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FAR Fuel to air ratio in each combustor zone
Npurner Efficiency of the combustor

To achieve a more accurate estimation on temperature, an iteration loop is
created as shown in Figure 3-11. The zone temperature will be guessed at the
beginning to offer an initial value of Cp. Then, new zone temperature will be
calculated based on the estimated Cp. The difference between last and current
temperatures is calculated. If the difference fit the convergence criterion, the zone
temperature is assumed to be found. Otherwise, Cp will be updated based on the

new zone temperature.

Guess Zone Temperature
v
Estimated Initial Cp
y
Calculate new Zone
Temperature

v

Calculate Convergence Criterion Update Cp
_ ITnew — Toldl 4
Told

£ < 0.0001

Zone Temperature Find

Figure 3-11 Flow chart for combustor zone temperature calculation

3.3.1.2 Heat Transfer Model for Low Biot Number Parts

For the gas turbine engine, the heat transfer process in different component
varies a lot. The compressor works under a relative cooler condition and the heat
transfer process is slight. The combustor will experience a severe heat transfer
process because the combustion occurs, and the temperature will reach

thousands Kelvin. Turbine will also experience a severe heat transfer process
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cause the hot gas expanded in this region. The heat transfer process varies thus
different heat transfer model should be selected. In this section, heat transfer
model suitable for compressor blades and casing will be discussed. For blade
and casing, the Biot number, which is the ratio of thermal-conduction resistance
to the heat transfer resistance on the unit area, is relatively low (Bi<1). Thus, their
conduction resistance is much smaller than the heat convection at the surface. It
can be assumed that the temperature gradients inside them are negligible and

have an even temperature distribution.

Under this assumption, the internal temperature distribution of a component now
can be neglected, and it can be treated as a mass node located at the centre of
its volume and surrounded by the fluid. The temperature difference between the
fluid and the mass will lead to heat exchange and eventually both fluid and solid

will share a common temperature and a steady state will have been reached.

The heat flow rate between the fluid and mass at any given instant can be

estimated by using Egs. (3-35).

cpzcji—f:h*A*(Tf—Tm) (3-39)
(e Heat flow rate
Q Quantity of heat
h Heat transfer coefficient
A Component wetted area
Ty Fluid temperature
T Metal temperature.

Integration of Egs. (3-35) with respect to time over a given time interval will yield
the magnitude of the quantity of heat passed from fluid to solid. Knowing the
amount of heat transferred during the time interval we can calculate the new

temperature of the solid and the fluid using Egs. (3-36).
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AQ (3-36)

AT =
mx* Cp

m Mass of the component

As discussed in Section 2.2.1, the LPM (a type of OD model), which assumes that
the temperature field inside the component is uniform and treats the component
as a mass node located at the centre of the component, is applied widely by
different researchers to investigate the heat transfer process between the main
gas fluid and the engine metal. Naylor had concluded several ways to estimate
the quantity of heat for a certain time interval based on the LPM. The simplest
way is assuming that the temperature of the fluid and mass keep constant at their
start values, or their average values during the heat exchange process, as shown

in Figure 3-12.

A | Tfluid_estimate A 1, Tfluid_estimate
TEMP TEMP
Tfluid_true Tfluid true
I Tsolid_true i ] Tsolid_true
[
I I
{ ! " Tsolid_estimate ! | "~ Tsolid_estimate
‘< ' —> " >
Interval TIME Interval TIME
N . .
\\ o. q_estimate for interval / o q_true for interval
N

Figure 3-12 Heat Quantity Estimation Using Fixed Temperature [69]

Another slightly more sophisticated way is assuming that one remains the
constant while the other of the bodies shows an exponential decay, as shown in
Figure 3-13. Compared with constant temperature method, the exponential decay
method can offer a more realistic estimation during the heat transfer process

since the change in solid temperature is captured.
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Figure 3-13 Heat Quantity Estimation Using Exponential Decay [69]

Based on the above discussion, it can be found that the traditional LPM assumes
at least one constant temperature during the heat transfer process. This can lead
to an overestimation of the quantity of heat transferred during the time interval,
especially when the time interval is larger than the system response time. This
can be improved by using small time interval. When the interval is small enough,
it is reasonable to assume that the temperature of fluid and solid are kept

constant. However, this will increase the computational time.

To have a more realistic heat transfer, similar approach with Naylor was adopted
by allowing both fluid and solid temperature to change according to an
exponential decay. Given the wetted area, heat transfer coefficient, fluid
temperature, and mass temperature, the heat flow rate between the fluid and the

mass can be estimated using Eqs. (3-35) and Egs. (3-38).

By combining Egs. (3-35) and (3-36), the relation between the heat flow rate and
change in metal and fluid temperature can be established, as shown in Egs. (3-37)
and (3-38).

dT,,

® = Cpn (G

Joraony O

dT, (3-38)
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Let T, =T, — T,,. Since both T, and T, are function of time, so T}, is also a

function of time. Based on this, we can derive Egs. (3-39)

dTp = dT, — dTp, (3-39)
By combining (3-37), (3-38) and (3-39), Egs. (3-40) can be derived.
dTp h-A h-A (3-40)
—_— = — + * Tp

Integrating Eqgs. (3-40) with respect to time once, the expression for the transient
temperature of T, as a function of time can be found, as shown in Egs. (3-41).

Then integrating Egs. (3-41) with respect to time again, and let a time constant

= h-A h-A
M -Com Mg-Cp

, the gquantity of heat transfer between fluid and mass in a
f

certain time period can be estimated by Egs. (3-42).

(_hA h-A (3-41)
TD = TDO .e (Mm'Cpm Mf‘CPf)At

t
Q=fqbdt:—h-A-(Tgo_TmO).l.(e—rt_l) (3-42)
0 T

T Time constant
Tyo Gas temperature at the beginning of time interval
Tomo Metal temperature at the beginning of time interval

The temperature of fluid and mass at the end of this time period can be estimated
based on the estimated quantity of heat, as shown in Egs. (3-43).

Q (3-43)

T, =T, +
t ot Cp

Compared with the traditional LPM, this method can offer a more realistic
estimation during the heat transfer process where either fluid or metal
temperature will change. Compared with Naylor's method, this method neglects

the effect coming from component thermal conductivity. Since it is only applied to
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the low Biot number parts, where thermal conductivity is negligible, the accuracy

can be guaranteed.

3.3.1.3 Heat Transfer Model for High Biot Number Parts

The OD method described in Section 3.3.1.2 is suitable for low Biot Number
components. However, for those with a non-uniform temperature distribution
(such as compressor discs, combustor flame tubes, turbine blades, casings, and
discs), that method becomes unsuitable because it neglects the component
internal thermal resistance. Besides, the 0D model treats the component as a
mass node located at the centre of its volume, the effect coming from the
component shape was neglected. So, it is necessary to employ a more fitting

model for these components.

To offer a more realistic heat transfer process estimation, the control volume
method (CVM) is created. CVM is a type of 1D numerical solution. The idea is to
capture the feature of the component heat transfer process. During this process,
the effect coming from the convective heat transfer, conductive heat transfer,
radiative heat transfer, thermal barrier coating, film cooling and internal cooling
can all be captured. The calculation process of the CVM is illustrated in Figure

3-14, using the turbine disc as an example.

7 P~ .!l‘ G ‘l\ R
U :> v |:| :> m(ﬁ @ |
i Ja

Boundary Inside Width (m)
Convection Conduction Temperature
Calculation Calculation Distribution

Disc Profile Simplified Disc Mesh
Profile

Figure 3-14 CVM calculation process (turbine disc as an example)

Five components are considered when applying the CVM, which are compressor
disc, combustor flame tube, and turbine blade, casing and disc. As described in
Section 3.2, the blade is simplified as flat plate, the casing is simplified as hollow

cylinder, and the disc is simplified as hollow constant thickness disc.
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The first step of CVM is to select the presentive section to capture the heat

transfer process of the component and create the mesh for further calculation.

For compressor disc, it will work under a relative low temperature working
condition. In the model, it is assumed that hot gas will flow through the disc outer
rim and no cavity cooling is considered. Under this condition, the cross-sectional
area is chosen as the analyzed part, with meshing also in the radius direction, as
shown in Figure 3-15 (a) step 2 and step 3. During the meshing process, the
distance between each node is kept the same. The volume of each node is
estimated by Eqs. (3-44). The mass of each node is estimated by Egs. (3-45). The
outer and inner surface of each volume is estimated by using Egs. (3-46) and
(3-47).

1
Viode =T (rozuter *Wouter — ri%mer * Winner) — §
(3-44)
* (Wouter - Winner) * (rozuter + ri%mer + Touter
* 7"inner)
(3-45)
Myode = Vnode * P
(3-46)
Aouter = 2 * T * Toyter * Wouter
(3-47)

Ainner = 2 * T * Tipper * Winner

T Radius of node volume outer and inner surface
w Outer and inner surface axial width of node volume
A Outer and inner surface of each volume

For combustor, the burning process occurs and the flame tube will experience
extremely high temperature. Several cooling technologies are applied to the
flame tube: film cooling, thermal barrier coating, and internal convective cooling.
The film cooling technology and thermal barrier coating are applied to reduce the
contacting temperature on the flame tube surface. The internal convective cooling
is applied to remove the heat from the flame tube. In order to capture these

cooling features, the flame tube wall (highlighted in the red box in Figure 3-15 (b)
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step 2) is selected as the analyzed part. Meshing is performed in the radius
direction, as shown in Figure 3-15 (b) step 3. The left end node represents the
boundary node at hot gas side where convective and radiative heat transfer
occur. The orange part represents the mesh volume for the thermal barrier
coating. The blue part represents the mesh volume for the metal part. The right
end node is the boundary node on the internal cooling flow side. The volume of
each node is estimated by Eqs. (3-48). The mass of each node is estimated by
Egs. (3-49).

_ 2 2 (3-48)
Vnode =T * (router - rinner) * Wnode

(3-49)
Mpoge = Vnode * P
For turbine blade, it will work under extremely high temperature condition since it
located at the outlet of the combustor. Several cooling technologies are applied
to turbine blade to avoid the thermal corrosion due to the high temperature. The
internal cooling technology is applied to remove the heat from the blade metal.
The film cooling technology and thermal barrier coating are applied to reduce the
contacting temperature on the blade surface. Under this complex working
condition, the blade wall (highlighted in the red box in Figure 3-15 (c) step 2) is
chosen as the analyzed part, as it allows for the capture of film cooling, internal
convective cooling, and TBC. Meshing is performed in the blade thickness
direction, as shown in Figure 3-15 (c) step 3. The left end node is the boundary
node on the hot gas side. The orange part represents the mesh volume for the
thermal barrier coating. The blue part represents the mesh volume for the metal
part. The right end node is the boundary node on the internal cooling flow side.
The volume of each node is estimated by Egs. (3-50). And the mass of each node

is estimated by Egs. (3-51).

(3-50)
Viode = E * Ap * Wnode

(3-51)
Myode = Vnode * P

84



For turbine casing, the meshing process is as same as the meshing process of
combustor. However, the turbine casing neglect the film cooling and thermal

barrier coating.

For turbine disc, same as the turbine blade, it will also work under extremely high
temperature. The hot gas will flow through the disc outer rim surface, and the disc
cavity cooling flow will flow through the disc side surface for the cooling purpose.
Under this complex working condition, the cross-sectional area is chosen as the
analyzed part, with meshing also in the radius direction, as shown in Figure 3-15
(d) step 2 and step 3. The meshed volume has the same thickness in radius
direction, but the wetted surface and mass of each volume are dependent on the
radius of the vloume. The top end boundary node represents the hot gas side,
where convective heat transfer will occur. The bottom end boundary node
represents the shaft side. For each volume, the side cooling area will also be
considered due to the cavity cooling. The purple area represents the volume of
the boundary node and the yellow area represents the volume of the internal
node. The volume, mass and outer and inner surface of each node follow the
same calculation process as the compressor disc. However, the side surface is
required due to the cavity cooling. The side surface area is estimated by using
Egs. (3-52).

Asige = T * (F3yter + Tiimer) (3-52)
The thermal barrier coating mentioned above is achieved by using additional
layers of mesh, as shown in Figure 3-15 (e). It is assumed that thermal barrier
coating has a perfect contact with the metal. The mass of node j in Figure 3-15
(e) is consists of two parts, one is the mass of thermal barrier coating, and the

other is the metal. The estimation equation is shown in Egs. (3-53).

(3-53)
]V[j = Vrec * Prec + Vimetal * Pmetai
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Figure 3-15 Component geometry feature capture and mesh

An example of the resulting mesh is shown in Figure 3-16. In the figure, the red
curve signifies the hot gas convective heat transfer area of the boundary node,
the green dashed curve represents the outer and inner conductive heat transfer
areas of Node N, the blue line denotes the cooling area of Node N, and the purple
and yellow areas correspond to the volume and mass of the boundary node and

internal node, respectively.

Node N+1 1@

Figure 3-16 Mesh outcome (turbine disc as an example)

The mesh density has also been analyzed. Turbine disc mesh is chosen due to
its complicated shape. The centre temperature change over time during a heat-
up process is examined, as depicted in Figure 3-17. It is observed that when the
mesh density exceeded 200 nodes per meter (nodes/m), the deviations caused
by node density are sufficiently small to be negligible. Therefore, a mesh density

of 200 nodes/m is selected for application.
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Figure 3-17 Mesh density analysis

Based on the mesh outcome, the heat transfer calculation can be launched. The

boundary condition will be determined firstly.

For the compressor disc, one boundary needs to be considered, which is the gas

side wall temperature. The wall temperature is determined by EQs. (3-54).
(3-54)
Tboundary = Tg

For the combustor flame tube, two boundaries need to be considered: the hot gas
side wall and the internal cooling side wall. As discussed in Section 3.3.1.1,
combustor is divided into three zones: primary zone, secondary zone and dilution
zone. The zone temperature is determined by the local FAR, LHV and combustor
efficiency. Due to the film cooling, the wall temperature will be lower than the
actual gas temperature and is determined by Eqgs. (3-55) In this case, the cooling
flow temperature equals to the combustor inlet temperature. For the internal

cooling side wall, the wall temperature is determined by Egs. (3-56).

(3-55)
Tboundaryl = Tg + 1 * (Tc - Tg)
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(3-56)
Tboundaryz = Tintet

Ne Film cooling efficiency
T, Film cooling flow temperature

For the turbine blade, two boundaries need to be considered: the gas side wall
and the internal cooling side wall. Same as the combustor, film cooling has been
applied and the gas side wall temperature is determined by Egs. (3-55). For the
internal cooling side wall temperature, it is determined by Egs. (3-57), where the
cooling flow temperature is determined by the cooling flow extracted from the

compressor.

(3-57)

Tboundaryz =T,
For turbine casing, two boundaries need to be considered: the gas side wall and
the internal cooling side wall. The gas side wall temperature is determined by Eqs.

(3-54). The cooling side wall temperature is determined by Egs. (3-57).

For the turbine disc, two boundaries need to be considered: the gas side wall and
the internal cooling side wall. The gas side wall temperature is determined by Egs.

(3-55). The cooling side wall temperature is determined by Egs. (3-57).

After knowing the boundary condition, the heat transfer calculation can be
launched. The idea of CVM is to use the energy conservation law and the
Fourier’s law of heat conduction to derive the difference equation. This method is
general and is not limited by whether the mesh is uniformly divided or whether

the material properties are constant. The fundamental equation of the CVM is

shown in Egs. (3-58). If we apply forward difference for g—:, then Egs. (3-58) can
be derived as Egs. (3-59). It is evident that once the heat flow rate of node N in
the i time step is known, the temperatures of node N in the (i + 1) time step
can be immediately calculated without solving simultaneous equations.
Therefore, the computational scheme represented by Egs. (3-59) is referred to as
an explicit finite difference scheme for unsteady-state problems, where the

unsteady term is a forward difference at the it" time step. The advantage of the
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explicit scheme lies in its lower computational workload, but it has the drawback
of being sensitive to both time and space step sizes; otherwise, it may yield

unreasonable results.

oT (3-58)
(DN == Cp . MN . a

- . ]
®L, = Cp - My I Ty dt_ Ty (3-59)

Dy Total heat flow rate into the control volume (node N)

My Mass of the control volume

i Time step

Next step is to determine the heat flow rate of each node and calculate the node

temperature at each time step.
A. Compressor Disc

For compressor boundary node, two types of heat flow rate are considered: one
is the convective heat flow from the working fluid and the other is the conductive
heat flow between the boundary node and the contact node. For the convective
heat flow, the heat flow rate is determined by Egs. (3-60), where N represents the
number of the current calculating node. The heat transfer coefficient
determination equations are listed in 7.8Appendix A. For the conductive heat flow,
the heat flow rate is determined by Egs. (3-61).

Cromy = he.a * A * (Ty = Ty) (369
Peona = 72 * A+t * (Tv — Tve1) (361
Ax '
he 4 Heat transfer coefficient for compressor disc
A Conductive coefficient
Ax Distance between boundary node and the contact node
Ay n+1 Contacting area between boundary node and the contact node
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For compressor internal node, one type of heat flow rate is considered: the
conductive heat flow between nodes. For the conductive heat flow, the heat flow
rate is determined by Egs. (3-62).

(3-62)

Dona = E * Ay_1n * (Ty—1 —Ty) — E * Ay Nt1 * (Ty — Ty41)

B. Combustor Flame Tube

For the combustor gas side boundary node, three types of heat flow rate are
considered: convective heat flow rate, radiative heat flow rate, and conductive
heat flow rate. For the convective heat flow, the heat flow rate is determined by

Egs. (3-63), where h is the heat transfer coefficient, Ay is the boundary node

wetted area, T, is the wall temperature which calculated by using Egs. (3-55). For
the radiative heat flow, the heat flow rate is determined by Egs. (3-64), For the
conductive heat flow, the heat flow rate is estimated by using Egs.(3-61). The
emissivity of gas is calculated by using equation for luminous emissivity provided
by Lefebvre [149], as shown in Egs. (3-65). For kerosine, the luminosity factor
value for primary zone, secondary zone and dilution zone are selected as 4,3 and
2.

Peomy = hye * Ay * (T = Ty) 69
Dragi =05-0-Ay-(1+¢,) & - (Tgi)l'5 S((TH*S = (TH*®) (364
g =1 —exp(—2.86 X 10* « L x P x (r « [)°5 » T,7'%) (3-65)
hgy Heat transfer coefficient for combustor flame tube
o The Stefan-Boltzmann constant
Ew The emissivity of the wall
&g The emissivity of the gas
L The flame luminosity factor
r The fuel/air ratio by weight
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l The radiation beam length

The combustor internal cooling side wall considers two types of heat flow rate:

the convective heat flow and the conductive heat flow. The convective heat flow

rate is estimated by using Egs. (3-66) and the conductive heat flow rate is

estimated by using Egs. (3-61).

(3-66)
Peony = hcooling * Ay * (T, — Ty)

The combustor internal nodes consider the conductive heat transfer. The heat

flow rate is estimated by using Egs. (3-62).
C. Turbine Blade

For turbine blade gas side boundary node, two types of heat transfer flow will be
considered: the convective heat transfer and conductive heat transfer. They are
estimated by using Eqgs. (3-67) and (3-61). Same as the combustor gas side
boundary node, the wall temperature is estimated by using Eqgs. (3-55).

(3-67)
Deony = ht_b * Ay * (T; — Ty)

he b Heat transfer coefficient for turbine blade

For turbine internal cooling side boundary node and internal nodes, the heat flow

rates are estimated by using Egs. (3-66) and (3-61).
D. Turbine Casing

For turbine casing, the heat transfer flow estimation is as same as what discussed
in combustor flame tube. The difference is that the radiative heat transfer and

thermal barrier coating are not considered in turbine casing.
E. Turbine Disc

For turbine disc gas side node, three heat transfer flow will be considered:
convective heat flow from the hot gas, convective heat flow from the cavity cooling
flow and conductive heat flow from the contacting node. The hot gas convective
flow rate is estimated by using Egs. (3-68). The cooling flow convective heat flow
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rate is estimated by using Egs. (3-69). The conductive heat flow rate is estimated

by using Egs. (3-61).

(3-68)
Peonv = ht_d * Ay * (Tg —Ty)

3-69
Deony = hcooling * Asige * (Te — Tn) ( )

h¢ a Heat transfer coefficient for turbine disc

For turbine internal nodes, two heat transfer flow will be considered: conductive
heat flow from the contacting nodes and convective heat flow from the cavity
cooling flow. The conductive heat flow is estimated by using Eqgs. (3-62). The

convective heat flow is estimated by using Egs. (3-69).
F. TBC and metal contacting volume

For those components that has the thermal barrier coating, node that represent
the contacting area between the TBC and metal need to be treat carefully. Figure
3-15 (e) illustrates a 1-D mesh for that includes the TBC, shown in orange, and
the component material, shown in blue. The position of node j is where the TBC
and blade material are in contact. It is assumed that there is perfect thermal
contact between the TBC and the blade material and no temperature difference
within a single control volume. The energy equation for node j and the conductive
heat transfer process in node j is shown in Egs. (3-70) and (3-71). Based on these
eguations, node j temperature at i+1 time step can be estimated.
Ti+1 _ Tji (3-70)

Py = (CPeve * Mepe + CPy - Mp) - =——

Atpc (3-71)

. , 1 . '
Peona = dx Aj1 (Tfl‘l - TJL) - d_i Ay (le - le+1)

G. Node temperature and quantity of heat calculation

Based on the identification of heat flow rate, the temperature of each node can
be estimated. The general equation for the node temperature estimation is shown
in Egs. (3-72). Based on the equation, the node temperature ati + 1 time step

can be estimated.
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T — Tk (3-72)

Cp ’ MN ' dt - (pconv + (pcond + (pradi

After all the nodes temperature are updated, the quantity of heat of one

component during the time interval will be estimated by using Egs. (3-73).

N
) ) (3-73)
Qcomponent = z IVIJ * ij * (le+1 - le)

j=1

3.3.2 Establishment of Quasi-2D Thermal Network

A quasi-2D thermal network is established along the gas flow direction, with each
node having the ability to estimate the temperature distribution along the radial
direction. Figure 3-18 illustrates a quasi-2D thermal network established along
the gas flow direction, where the red arrow represents the gas flow, and each
black node represents one component stage or one combustion zone. Each node
in the network estimates the temperature distribution along the radial direction
and calculates heat soakage based on its own inlet and outlet condition. The
calculated heat flow rate is then used to update the outlet condition, which
becomes the inlet condition for the next node. This process includes three types
of heat transfer: convective, conductive, and radiative heat transfer. Different heat
transfer processes will be considered for different gas turbine components. The
compressor blades and casing will only consider the convective heat transfer
process. The compressor disc will consider convective and conductive heat
transfer processes. The combustor flame tube will consider convective,
conductive, and radiative heat transfer processes and the effects of film cooling
and internal cooling flow. The turbine blade will consider two heat transfer
processes: convective and conductive, considering film cooling, and internal
cooling. The turbine disc will also consider two heat transfer processes:
convective and conductive, with the consideration of cavity cooling. The turbine
casing will consider two heat transfer processes: convective and conductive,

considering the effect of internal cooling flow. A summary is listed in Table 3-5.
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Figure 3-18 Quasi-2D thermal network illustration

Table 3-5 Summary of the quasi-2D thermal network

Heat Transfer Model
) ) Internal
Component TBC Film Cooling ling Fi
DM CUM cooling Flow
Compressor
\/ X X X X
Blade
Compressor
\/ X X X X
Casing
Compressor
x ~ x X x
Disc
Combustor
x V V V v
Flame Tube
Turbine Blade x \ x \ \
Turbine Casing x \ x x \/
Turbine Disc x \ x x \
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3.3.3 Component Performance Modification

The estimated heat flow rate will affect the gas turbine component performance.
Vieweg's method is applied during this process [153]. For the combustor, the heat
flow rate leads to adding or taking from the outlet station's enthalpy, changing the
outlet temperature. For the compressor and turbine, it is assumed that part of
the heat is transferred before the compression or expansion, and the rest is
transferred afterwards. In this way, compression and expansion can still be
calculated using (adiabatic) map data. A user-defined ratio f is used to determine
the part of heat that is transferred before the compression or expansion, as shown
in Egs. (3-74). Based on ratio f, the inlet temperature and outlet temperature of
the compressor and turbine can be modified based on Egs.(3-75) and (3-76)

during the transient manoeuvre.

f = Qpre (3-74)
Qtotal
Qpre (3'75)
T{=T

1 1t W - Cp

(1 = )Qrotai (3-76)
Ty=T, +————"—
2 2 W - Cp

3.3.4 Component Initial Temperature Identification

During the heat soakage calculation, the initial temperature plays an important
role because it will affect the entire heat transfer process. In order to have an
accurate heat soakage estimation, the initial temperature distribution of the

proposed quasi-2D thermal network need to be estimated accurately.

Because the initial working condition of the transient simulation in Turbomatch is
based on the last off-design condition. So, the last off design condition is selected

as the initial condition of the heat soakage calculation.

Instead of directly setting the temperature distribution of the quasi-2D thermal
network as a constant temperature, an iterative process is launched to obtain the
temperature distribution. By setting the initial value as 200K and simulate the heat

transfer process for 2 hours simulation time, all components are assumed under
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thermal balance condition. And the outcome of the iterative process will be used

as the initial condition during the transient unsteady heat soakage calculation.

3.4 Tip Clearance

Compressor and turbine tip clearance could be affected by the component
thermal deflection due to the change in temperature distribution. Beyond that, tip
clearance could also change due to the centrifugal force change caused by
change in rotational speed and pressure imbalance. During the gas turbine
transient manoeuvre, the temperature of component is changing as well as the
shaft rotational speed. This led to the change in tip clearance and further change
the efficiency of compressor and turbine. Due to the change of efficiency, the
transient performance of gas turbine is affected. The overall calculation logic for

the tip clearance change effect is shown in Figure 3-19.

The proposed tip clearance model was divided into two parts: the tip clearance
movement prediction model and the component performance variation. The tip
clearance prediction includes the methodology development of the component
thermal deflection and elastic deflection. The component performance variation
includes the application of component efficiency change correlations.
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Figure 3-19 Tip clearance estimation logic during engine transient
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3.4.1 Thermal and Mechanical Deflections
3.4.1.1 Blades

There are two types of blades discussed above: the compressor blade and the
turbine blade. As discussed in Section 3.3.1.2, compressor blade is treated as a
0D model due to its low Biot nhumber. By using the proposed heat transfer
calculation, the temperature of the blade can be easily represented by one single
value. However, for the turbine blade discussed in Section 3.3.1.3, a meshing
process is applied and there is a non-uniform temperature distribution along the
blade wall thickness direction. By taking a mass weighted average we are able
to again find a single temperature for the blade. With this single blade
temperature, the thermal growth of the blade can be estimated by using Eqgs.
(3-77).

up = hy xa* (T, —Tp) 5-77)
Uup Change in blade height due to temperature change
hy, Blade height under datum conditions
Ty Temperature of the blade
Tp Temperature of the blade under datum condition

The datum condition is selected as the gas turbine design point working condition.

The centrifugal force of the blade is mainly and positively correlated to the
rotational angular velocity, the mass of the blade and the length of the blade. The
mechanical growth of the blade can be estimated by assuming each blade as a
simple prismatic member, is constructed of an elastic material of constant density.
As described in Section 3.2.1, the blade is simplified as flat plate. It is assumed
that the blade is attached to the disc at its root, and is centrifugally loaded by its
own weight as it rotates with the disc. Taking a thickness of dx as a microelement
in the radial direction of the blade height (as shown in Figure 3-20). Integrating
the microelements in blade hight direction, we can obtain Egs. (3-78) which can

be used to estimate the centrifugal force at certain blade height x. By applying
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the Hooke’s Law, the change in blade hight due to centrifugal force can be
estimated by Egs. (3-79).

dx AN

Tdisc

Figure 3-20 Blade centrifugal force calculation

hZ — x? 3-78
FNx:p*wz*A*[rdisc*(hb_x)-l' b2 I ( )
p*(w?—wh) (rasc*hi hp (3-79)
Vp = * + —
E 2 3
Fy Centrifugal force at certain blade height
Vp Change in blade height due to rotational speed change
E Blade material Young's modulus
) Rotational speed

3.4.1.2 Disc

Same as the blade, disc radius will be affected by the thermal displacement and
the elastic displacement.

As described above the disc temperature distribution is estimated by the 1D
control volume method. To estimate the thermal displacement, a novel thermal
displacement model is derived. Due to the internal thermal resistance, the
temperature distribution along the radius direction is nonuniform. But the
temperature distribution along the axial direction is uniform. Under this condition,
we can assume that the temperature distribution is a function of radius, as shown
in Egs. (3-80).
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3-80
Ty = () (580
Using cylindrical coordinates, the stress equilibrium equation of the disk can be
expressed as Egs. (3-81), where g, and gy can be expressed as Egs. (3-82) and
(3-83) by Hooke’s law.

do, 4 Or — 09 _ 0 (3-81)

dr r

E du Eu u EaT (3-82)
Oy = * — 4+ * — —
A+w«A=-p) dr A+wW*+A—-pw) v 1-up

E u Eu du EaT (3-83)
0g = * — + * — —
A+w«AQ-p) r A+wW=«A—-p) dr 1-p

o Thermal stress
a The coefficient of thermal expansion
U Material’s Poisson’s ratio

Combine Egs. (3-81), (3-82) and (3-83), the displacement in radius direction can
be expressed by Egs. (3-84), where C; and C, are constant value based on the
boundary condition.

r

a C,
ud=(1+,u)*;f Tdrdr+C1*r+T

Ti

(3-84)

Uy Change in disc radius due to temperature change
Ty Inner radius of the disc

T Outer radius of the disc

T, Disc temperature distribution

Since the thermal stress atr = r; and r =1, are 0, C; and C, can be expressed
by Egs. (3-85) and (3-86).
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To )

€= (1—p) = Zf T,rdr (3-85)
o — ri ri
2 T

a * 1y ° 3-86

Co=0+p) = lzf Tyrdr (3-86)
To — ri ri

The radius displacement at a given radius then can be expressed as Eqs. (3-87).

a r 1—wWr2+ 1+ wr? (T 3-87
Ug = — (1+,u)derdr+( 2 5 (2 'u)lf Tyrdr (3-87)
r ri rO - ri ri

For the displacement at the outer radius, it can be expressed by Egs. (3-88). Since
the casing is meshed in radius direction, the temperature distribution is not
continuous. By discretising Eqgs. (3-88) we can obtain Egs. (3-89), which is suitable
for the CVM.

2:15-a (T 3-88
Ug = zoz'j Tyrdr ( )
ro - ri ri
N
Uy = 2:15-«a . (rozx — ri%c) * (T — Tx_D) (3-89)
T2 —r? 2
x=1

When considering disc radius displacement due to centrifugal force, two forces
are considered: the centrifugal force caused by disc own weight and the
centrifugal force caused by the blade weight. Here, Fang’s method is applied.
The displacement of disc radius is estimated by using Egs. (3-90), where C is the

constant value for the consideration of blade mass.

R,(3+ w12+ r? r3 1— p)w?
_<po( DI l)+c "2>><( )

Vg =
2 _
8 Ty — T E

3+ )2 xr, r2 xr 1+ p)w? (3-90)
+p( ) (r; o)+Cl ozx( )
8 T2 — 17 E

p(1 — p)rjw?
8E
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L NoA(Rohy + 2h2) (3-1)

27TT'OWd
Vg Change in disc radius due to rotational speed change

3.4.1.3 Casing

As described above, the heat soakage model for compressor and turbine casing
is different. For the compressor casing model, the OD heat transfer model is
applied. For the turbine casing model, the 1D control volume method is applied

due to the cooling flow.

For the compressor casing, the temperature can be represented by a single
value. Under this condition, the thermal deflection of the casing can be estimated
by Egs. (3-92). Same as the blade, the datum condition is selected as the design

point condition.

3-92
uc =rx*ax* (T, —Tp) ( )

U Change in casing radius due to temperature change

For the turbine casing, the temperature distribution along the radius direction is
nonuniform. Under this condition, Egs. (3-92) cannot be applied. Since the casing
is meshed in radius direction, which is the same as disc, the same method

described in Section 3.4.1.2 is applied to the turbine casing.

Different from the rotating parts, the only relevant mechanical loading is due to
the inner and outer surface pressure difference that will lead to radius change.
The change in casing radius due to pressure difference is estimated by Egs.
(3-93).
1 (3-93)
Ve = m [(1 - V)ri(PiriZ - Poroz) - (1 - V)rizroz(Po - Pi)]

Ve Change in disc radius due to pressure change
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3.4.2 Component Performance Modification
3.4.2.1 Total deflection

The overall growth Au of blade, casing and disc at one stage could be estimated
by summing of their thermal growth and mechanical growth, as shown in Egs.
(3-94).

3-94
Austage = (uc +ve) — (up +vp) — (ug +vq) ( )

In order to have a representative tip clearance change of the component, the root
mean square tip clearance was estimated by using Egs. (3-95).

N
Z Augtage (3_95)
x=1

Aucomponent = N

3.4.2.2 Efficiency Prediction

For the compressor, the empirical correlation raised by Lakshminarayana was
applied, as shown in Eqgs. (3-96), The modified efficiency is obtained by using
Egs. (3-97)

A _ O-7Aucomponentl/) 1 + 10 fAucomponentAPR (3-96)
n cos Py Y cos B
, (3-97)
Me =1Nc— A7

An Change in compressor efficiency
Bm Mean air angle
Y Blade loading coefficient
o) Flow coefficient
APR Aspect ratio of the blades.
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For the turbine, the simple efficiency loss model suggested by Baskharone that
utilizes relevant geometrical parameters are applied, as shown in EQs. (3-98),
where K is the value estimated by Egs. (3-99). The modified efficiency is obtained
by using Egs. (3-100).

S EffTC=1-K (Auwmvonent)( Taise ) (3-98)
- - hb (rcasing + rdisc)/z

(3-99)
K =1+0586(y35

3-100
ne =nexs_Eff_TC ( )

Yztip Zweifel loading coefficient

3.5 Compressor Map Modification

As described in Section 2.2.3, heat transfer effect will have an impact on gas
turbine component performance. In the case of compressor, the change in flow
temperature will lead to a change in flow density and boundary layer
development. This will further affect the flow angle through the blades and change
the compressor performance. Besides, the blade loss will also be affected due to
the change in flow properties. In order to predict the heat transfer effect on
compressor performance, the compressor 1D mean line model is selected due to
its easy application and good enough accuracy. As described by its name, the
mid-spans of each blade row are chosen as the calculation streamline to
prediction the compressor performance based on aerodynamic parameters with
a series of flow equations. In this section, the establishment of compressor mean
line model, heat transfer effect on mean line model, and the map modification
model will be described. The calculation logic of compressor map change effect

on gas turbine transient performance is shown in Figure 3-21.
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Figure 3-21 Compressor map modification model calculation logic
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3.5.1 Compressor Mean Line Model Establishment

The calculation of mean line model can be divided into three steps: the input data
for the mean line model, the performance calculation, and the speed line

identification.

3.5.1.1 Input data for the compressor mean line model

As described above, the mean line model chooses the streamline at blade mid-
spans to present the overall performance of the compressor. To create the mean
line model, several data are required as the input. The most important data is the
compressor flow passage geometry, as shown in Figure 3-22, where the red
blocks represent the rotor blade, and the blue blocks represent the stator blade.
There are two ways to establish the compressor flow passage geometry. One
way is to use the geometry identification method, as described in Section 3.2.1,
and the other way is to directly use the experimental data to build the compressor
flow passage geometry. For the first geometry identification way, it has a lower
requirement on the necessary input data, as shown in Table 3-2. However, the
outcome will have a different with the real compressor geometry. Because the
shape of the geometry is limited in constant tip diameter, constant hub diameter
and constant mean diameter. The second way does not need to run the geometry
identification simulation and the data is absolutely the same as the real
compressor. However, it has an extremely high requirement on the necessary
input data. In most cases, those data are classified and are not provided. Gladly,
NASA provides the entire experimental data for NASA stage 35 and HPC for
Energy Efficiency Engine. So, in our case, the geometry identification model was
not used during the mean line model establishment and NASA experimental data

are directly used as the input data of the mean line model.
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Compressor geometry
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Figure 3-22 compressor flow passage geometry

The blade inlet and outlet tip and hub radius are read from the experimental data.
The mean radius is calculated based on tip and hub radius by using Egs. (3-12).
For the passage area, it is calculated by using Egs. (3-101). For the blade chord,
minimum loss angle, chamber angle, stagger angle, and blade inlet and outlet
angle, they are also read from the experimental data. The definition of each blade

geometry parameters is shown in Figure 3-23, and the required data is listed in
Table 3-6.

3-101
Area = - (rtzl-p — b)) ( )

-— 2
\\ 4~ a4 =blade inlet angle
57 o = blade outlet angle
6 = blade camber angle
=ay- 0y
{ = setting or stagger angle
s = pitch (or space)
¢ = deflection
=0y =0p
aq = air inlet angle
ap = air outlet angle
V4 = air inlet velocity
V, = air outlet velocity
i = incidence angle
= Q- 0y
& = deviation angle
=0y~ 0%
¢ = chord

"\
Point of
maximum camber

Figure 3-23 Compressor cascade notation [1]

Table 3-6 Geometry Data for Mean Line Model
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Parameter Unit
Blade inlet and outlet tip radius m
Blade inlet and outlet hub radius m
Blade inlet and outlet mean radius m
Passage inlet and outlet Area m~2
Blade Chord m
Minimum loss incidence angle °
Minimum loss deviation angle °
Chamber angle °
Stagger angle °
Blade inlet angle °
Blade outlet angle °
Blade tip clearance chord ratio N/A
Blade aspect ratio N/A
Blade maximum thickness chord ratio | N/A
Blade Pitch Chord Ratio N/A

Except the geometry data, the working condition data is also required for the
mean line model. The working condition data define the compressor working

condition and is listed in Table 3-7.

Table 3-7 Working Condition Data for Compressor Mean Line Model

Parameter Unit

Compressor Rotational Speed rpm
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Inlet Total Pressure Pa
Inlet Total Temperature K
Inlet Mass Flow kg/s
Inlet Flow Angle °
Blockage Factor N/A

3.5.1.2 Performance calculation

Based on the compressor geometry, the performance of the compressor can be
estimated based on the mean line model. In this section, the calculation logic of
velocity triangle, pressure loss model, and the deviation angle model will be

discussed.

3.5.1.2.1 Calculation of Velocity Triangles

In an axial flow compressor rotor, the flow can be analyzed from two perspectives.
One is the absolute or stationary frame, which is fixed to the ground, and the
other is the rotating or relative frame, fixed to the rotor. The nomenclature used
for compressor stage velocity triangle definition is shown in Figure 3-24. The
velocities measured with respect to the rotating frame of reference are denoted
by W for relative velocities, and by V for absolute velocities, measured with
respect to a fixed frame of reference. The blade speed is represented by U, which
is calculated by using Egs.(3-103). The tangential component of the absolute or
relative velocities is indicated by the subscript t. The absolute axial velocity is
indicated by the subscript m. Subscript 1 to 3 represent the rotor inlet station,
rotor-stator middle station, and stator outlet station. The velocity triangle can be
depicted using the following vector relation:

(3-102)
V=W+U
_ 2T Typeqn " ® (3-103)
B 60
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% Velocity in absolute frame
w Velocity in relative frame

U Blade peripheral speed
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~
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Figure 3-24 Axial compressor stage nomenclature

Based on the definition of velocity triangle, the compressor off-design
performance calculation can be launched. The calculation is based on a stage-
by-stage calculation. The outlet flow condition of the last stage will be the inlet
condition of next stage and the process will be repeated until the last stage. For
each stage, three stations will be considered: the rotor inlet condition, the rotor-

stator middle condition and the stator outlet condition.
The off-design blade row inlet and exit conditions are calculated as follows:
The rotor inlet station:

At the rotor inlet condition, the know value is part of the flow absolute value
(absolute total temperature and absolute total pressure). So, the flow absolute
properties will be solved firstly. The inlet conditions are derived from either the
stage inlet boundary conditions, or that of the preceding blade row exit conditions.
Assuming there is no bleed or purge flow at the inlet station and there is no

pressure loss.
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If the stage inlet station has the boundary conditions, then absolute total
temperature T and absolute total pressure P are defined by Egs. (3-104) and
(3-105).

Tabs.1 = Troundary condition (3-104)
Paps_1 = Ppoundary condition (3-105)
Taps Total temperature in absolute frame
Paps Total pressure in absolute frame

If the stage inlet station has a preceding stage blade row, then absolute total
temperature T and absolute total pressure P are defined by Egs. (3-106) and
(3-107).

(3-106)
Tabs_l = Toutlet,last stage

(3-107)
Paps 1= Poutlet,last stage
Based on the flow absolute properties, the thermodynamic properties (Cp,y, R)
are calculated first. Then the absolute Mach number M, ; at rotor inlet station
will be guessed. The static temperature and static pressure are estimated by
using Egs. (3-108) and (3-109).

Taps.1 y—1 (3-108)
P
na
Paps1 y—1_ . \r1 (3-109)
=1+ TMabs_l
P1

Having calculated the static temperature and static pressure, the speed of sound
is determined by Egs. (3-110), the absolute velocity is determined by Egs. (3-111),
the static density at station 1 is determined by Egs. (3-112).

a; =Y R t4

Vi = Mgps 1 *aq

(3-110)

(3-111)
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P1 (3-112)
R - tl

p1 =

Since the flow inlet absolute angle a; and blade peripheral speed U; are given
value, the velocity triangle can be estimated. Based on the velocity triangle, the

expression and relation among V;, V,,,; and V,; is shown in Egs. (3-113) to (3-116).

3-113
Vi = V2, + V3 N
Wity xRy (3-114)
Vin1 =
BLK; * Areaq * p;
(3-115)
Vi = Maps 1 *aq
3-116
Vi1 = Vin1 * tan (a,) ( )
BLK Blockage factor
a, Flow inlet absolute angle

It can be found that V3, V,,,; and V;; can be expressed as a function of My, ;. The
Newton-Raphson iterative scheme can be used to find the actual value of M, ;.
To be more specific, the Newton-Raphson functions of F(x), where x = My, 4 in

this research context is shown in Egs. (3-117) and (3-118).

3-117
F(x) =V =Vg — V4 ( )

5 2

o (T (o
BLK, % Area, * Py 1 2 (3-118)

Y R 'Tabs_l'x2

(1 + tan(ay)?) —

]/—12
1+2x

and its derivative is shown in Egs. (3-119).

113



2
Wi * Taps 1 * Ry >

FI — 2 . 1 t 2).
(x) x - (1+ tan(ay)?) <BLK1*Area1* abs_1

3—y
-1 \r-1
. (1 + y 2 xz) —_ 'y . R . Tabs_l (3'119)

2x y—1) x?

1+y;1x2 (1+y;1x2)

2

Solving the x,,,; with F(x,,,,) = 0 yields

F(xy,) (3-120)
X =x, +
n+1 n F’(xn)

Egs. (3-120) is applied repetitively until the following convergence criteria shown
in Egs. (3-121) is satisfied.

(3-121)

|Xn41 —xpl <€
After M,,s 1 converged, the velocity triangle at rotor inlet station can be
established. The absolute values are then converted to the relative flow values
based on Egs. (3-122) to (3-127).

(3-122)

Wy =U; =V
w, 3-123
By = tan™? (i) ( )

le
3-124
Wy = Wt% + Vrgu ( )
w; (3-125)

Mrel_l = a_l
y—1 (3-126)
Trel_l =1t (1 + TMrZeu)
y-1 1 (3-127)
Prel_l =D1 (1 + TMrel_l)

114



p1 Flow inlet relative angle

Mo Mach number in relative frame
Trer Temperature in relative frame
Pre Pressure in relative frame

The off-design incidence is then calculated as the difference between the relative
inlet flow angle and the blade inlet angle at the leading edge based on Egs.
(3-128).

. , (3-128)
i = Briow — Xpiade

i Off-design incidence angle
Upaae e Blade inlet angle
The rotor-stator middle station:

A similar process is applied to the rotor-stator middle condition velocity triangle
calculation. At the rotor-stator middle section, the relative outlet flow angle will be
estimated firstly based on Egs. (3-129).

, (3-129)
ﬁZ = (plade_outlet +98
B- Flow outlet relative angle
1) Deviation angle

The next step is to determine the flow relative properties at station. Here one loop
will be created to determine the specific heat at station 2 based on the relative
total temperature. The initial value of relative total temperature is set as the value
at station 1. Then from the conservation of rothalpy the exit relative total

temperature is found by using Eqs. (3-130).

5 1 5 (3-130)
Cpz *Trer 2 = CPy % Trgr 1 = EUz - §U1

115



The total pressure across blade rows is not constant due to the presence of
losses. For a rotating blade row, the relative total pressure is slightly reduced. For
a stationary blade row this is sensed by the reduction in absolute total pressure.
The reduction in total pressure is proportional to the losses generated within the
blade passage. To predict the relative total pressure at rotor outlet station, Bullock
and Johnse’s definition of the total loss factor is applied, as shown in Egs. (3-131)

and the ideal relative pressure ratio is given by Egs. (3-132) [154].

(Prel—z)ideal - Prel_z

Weotal = Prel_l —P,
Prel_z
P
1- o — (3-131)
( rel_2)
_ Prel_z . Prel_l ideal
\P, A
rel 1/ ideal . y—1
1= —1
1+ 2 Mzel_l
v
(Prel_2> (14 y—1 . (w*13)? . <1 _ <ﬁ>2> y-1 (3-132)
Prel_l ideal 2 Yy * R * Trl )
Wtotal Total loss through blade passage

Based on the flow relative properties, the thermodynamic properties (Cp, y, R) are
calculated. Then the relative Mach number M,., , at rotor-stator middle station
will be guessed. The static temperature and static pressure are estimated by
using Egs. (3-133) and (3-134).

T -1 3-133
rtel_z =1+ Y > Mgel_z ( )
2
1 3-134
Prel_2:(1+y_1Mz )y—1 (3-134)
Dy 2 rel_2

After knowing the static temperature and static pressure, the thermal properties

at station 2 can be calculated by using Egs. (3-135) to (3-137).

116



(3-135)
a; =4Y2 Ry Ly

(3-136)
Vo = Mye 2 * ay

_ P (3-137)
RZ " tz

P2

As described above, the rotor outlet relative flow angle £, is estimated by using
Egs. (3-129) and blade peripheral velocity U, can be calculated by using Egs.
(3-103), the velocity triangle at rotor outlet station can be estimated. Based on the
velocity triangle, the expression and relation among W,, V,,,, and W,, is shown in
Eqgs. (3-138) and (3-141).

3-138
Wi =Vi, + W5 ( )
W5 * t; * R, (3-139)
Vinz =
BLK, x Area, * p,

(3-140)

Wy = My 2 * ay
(3-141)

Wiz = Ving * tan (a;)

The same Newton-Raphson iterative scheme can be applied to the rotor-stator
middle station to find the M, .

After M, , converged, the velocity triangle at rotor-stator middle station can be

established. The relative values are then converted to the absolute flow values
based on Egs. (3-142) to (3-147).

(3-142)
Vi = Uy — Wiy
_ 1 (Vt2 ) (3-143)
a, = tan —_—
Vina

/ (3-144)
Vo= Vt22 + Vriz
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W, (3-145)
Mabs_z = a_
2

y—1 (3-146)
Tabs_z =1ty (1 + TMgbs_Z)

L (3-147)

— 1 ) =
Pabs_z =p2- (1 + TMast)

The stator outlet station

At stator outlet station, only flow absolute angle, total absolute temperature and
total absolute pressure are needed to be solved. The absolute flow angle will be

estimated by using Egs. (3-148).

(3-148)

3 = Apiade_outlet T 8
For the absolute total temperature, it is assumed that there is no change through
the stator blade passage. So, the absolute total temperature at stator outlet
station is estimated by using Eqgs. (3-149). For the absolute total pressure, it is
estimated by using Egs. (3-150).

(3-149)
Tabs_3 = Tabs_z

Pabs_Z - Pabs_3 (3'150)
Pabs_z — P2

Wiotal =

These values will be used as the inlet condition of next stage and the calculation

process will be repeated until all stages are calculated.

3.5.1.2.2 Calculation of Blade Pressure Loss

Axial flow compressors are designed for optimal performance at their design
point, where they operate at maximum efficiencies. At this point, the discrepancy
between the blade angle and the inlet flow angle is termed the minimum loss
incidence angle. However, in reality, axial flow compressors rarely operate

precisely at the design point, and several kinds of losses, including profile losses,
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annulus losses, secondary losses and etc., will reduce the pressure generated
by the blade. A summary of pressure losses in shown in Figure 3-25. Therefore,
correction factors for off-design conditions need to be applied in predicting profile
pressure losses. To estimate the total pressure loss in an axial flow compressor,
a combination of theoretically separable loss components is utilized through
superposition.

- Comer

Secondary
flow loss

losses

loss

Profile
losses

Trailing
vortices

Figure 3-25 Losses obtained in an axial flow compressor [155]

The total pressure loss is estimated based on van Antwerpen’s total loss model

[155], as shown in Egs. (3-151), where w,, is the profile pressure loss coefficient

at minimum loss angle, (3) is the off-design correction due to change in
Y inc

w

incidence angle, ( ) is the off-design correction due to change in Reynolds

Wi/ Re

w

number, ( ) is the off-design correction due to change in Mach number, w; is

Wi/ Ma
the secondary loss which also referred as the end wall loss and w, is annulus

loss. They will be discussed separately in this section.

Weotal = Wp * (ﬂ) * (2) * (ﬂ) + wg * (i) + w, (3-151)

wj inc W Re Wi Ma i’ Re
Profile pressure loss coefficient at minimum loss angle
The profile pressure loss is caused by the development of boundary layers and

wake flow in the Mid-Span apart from the end wall region of the compressor.
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Before estimating the profile pressure loss coefficient at minimum loss angle, the
diffusion ratio and diffusion factor need to be estimated. There are several
methods on how to calculate the diffusion ratio as well for the diffusion factor. A
simplified method on how to establish the diffusion ratio and the diffusion factor
is shown in Egs. (3-152) and (3-153), where.

W 3-152
Dif fusion Ratio = ——— ( )
2
Winax — W2 W, |AW; | (3-153)
Diffusion Factor = —& 2124 _— L
ff Wl W1 20" W1
Winax Maximum relative velocity occurring on the blade suction surface,

dEfIHEd as AWt - th - WtZ
o blade solidity

Through the years, different authors optimized the diffusion ratio equations. Here,

three diffusion ratio model will be discussed.
Diffusion Ratio Model |

Lieblein derived an equivalent diffusion ratio with minimum loss incidence as
reference. The model is obtained in terms of inlet and outlet conditions and is
given by Egs. (3-154) [156],

. cos(B,) Z(ﬁ’ (3-154)
D;q = W(ﬁj). ki, + k2 2) (tan(ﬁl) — tan(ﬁz))
k; Constants determined from tests, k; = 1.12 and k, = 0.61.

Diffusion Ratio Model Il

Koch and Smith optimized Lieblein's model to account for compressibility,
Reynolds number effects and stream tube contraction effects found in axial flow
compressors. Koch and Smith defined a semi-empirical approximation for the
trailing-edge diffusion ratio with minimum loss incidence as reference and is given
by Egs. (3-155) [157],.
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Wi Winax Wps (3-155)
Wte VVps Wl

Deq =

Wie Free stream trailing-edge velocity, which equals to the blade outlet

relative velocity W,

W,

s Mean velocity in the blade passage throat region

The correlations between the different velocity ratios obtained in Egs. (3-155) are
estimated by Egs. (3-156) and (3-157).

tmax
c

(3-156)

W,
max — (1 +0.7688 -

W,

+ 0.6024 - F)
s

2.0.5

[
W, ] (3-157)
W= |(sm(,81) —0.2455- ¢ - T?) + ;is.(gils) |

l P1

t . . .
ez Ratio of maximum tip clearance and chord

r Minimum loss circulation parameter

A* Minimum loss area contraction ratio

Pps

5 Density ratio between the passage throat to entry
1

The minimum loss area contraction ratio from blade inlet to the throat is given by
Egs. (3-158), where AVDR is defined by Eqs. (3-159).

. . tmax 1
IO Ui Ak (2 + aypg) (3-158)
cos(B1 + B2) 3
2
AvDR = P2 Vm2 (3-159)
P le

The minimum loss circulation parameter for a two-dimensional incompressible

cascade is defined by Egs. (3-160).
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ponWu—r We (3-160)

Wl'o"(rl-;rZ)

The density ratio between the passage throat to entry is defined by Eqgs. (3-161).

Pos _ 4 _ ( M2, (3-161)

ML ). (1— A" — 024550 T sin(B,)
P1 1_M72nl> ( ﬁl)

Diffusion Ratio Model llI

Wright and Miller modified the original diffusion ratio model to account for
compressibility and thickness to chord ratio effects observed in high-speed
cascades and compressor tests. This correlation has been established for
transonic DCA aerofoils but is used for conventional circular arc aerofoils. The
equivalent diffusion ratio with reference to minimum loss incidence is given by:
(3-162) [158].

Ww. t t s
Deq = (1 -2+ (0.1 + E (10.116 —34.15 - m“")) -
Wy c c /)¢ (3-162)

Wy — W, Ww.
dds! t2>__1+1

Wy W,

2 Ratio of blade spacing and chord

Cc

After obtaining the equivalent diffusion ratio, the profile loss is estimated by using
a modified version of the two-dimensional low speed correlation of Lieblein, as
shown in Figure 3-26 [158]. This correlation has been established for DCA

aerofoils but is also used for conventional circular arc aerofoils.
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Profile loss parameter
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Equivalent diffusion ratio

Figure 3-26 Profile Loss Parameter with Variation in Mach number [159]
The profile-loss parameter is expressed as Eqgs. (3-163).

W4 (3-163)

wp 0.5 W_lzz : COS(ﬁz) = f(Mrell'D;q)

Off-design correction due to change in incidence angle

The discussion above is related to the profile pressure loss coefficient at design
point. However, compressor will not only work at design point. The profile
pressure loss coefficient needs to be modified during the off-design simulation.
The change in incidence angle will change the development of boundary
development and further affect the profile pressure loss coefficient. In this study,
Miller and Wasdell’s incidence correction factor is selected [155]. The off-design
incidence correction is given by Egs. (3-164).

. Lk 2
I1—1
( )+1 fori>i*

( W\ i — i (3-164)
Wi/ ine i=i 2 . ,
2.25*(,* ) +1 fori<i*
" —len
i Off-design incidence angle
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i Design point incidence angle

Igt Stall incidence angle

ich Choke incidence angle

off-design correction due to change in Reynolds number

As discussed above, the profile loss is caused by the development of boundary
layer over the blade surfaces. The magnitude of boundary layer development
effect depending on the Reynolds number, the turbulence level and the pressure
gradients. When Reynolds number is greater than 5 x 105, the flow is considered
as turbulent and has only a small impact on the overall blade profile loss.
However, as Reynolds number falls and the boundary layer is gradually
transforming from turbulent flow to laminar flow, flow separation will take place
and the losses will be much higher that they would have been under turbulent

conditions.

In order to include the effects of Reynolds number in profile losses, one approach
for is to correct the profile loss coefficient by multiplying it with a Reynolds-effects
correction factor. In this research, the Reynolds number correction from Wright
and Miller is selected [158]. The correction for the influence of Reynolds number
assumes that the flow is hydraulically smooth up to a Reynolds number of 10°.

The off-design Reynolds number correction is shown in EQs. (3-165).

o 489.8 x Re %5 for Re < 10°
(w—) ={13.8*Re %1 for 10° < Re < 10°
'"Re 1 for10° < Re

(3-165)

off-design correction due to change in Mach number

Stage inlet Mach number will also affect the profile loss. When the Mach number
reaches unity locally in an airfoil cascade, the corresponding inlet Mach number
is said to have reached its critical value. Below the critical Mach number, the total
pressure losses and turning angles are essentially constant. However, when the

Mach number exceed the critical Mach number, the pressure losses increases.
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In order to include the effects of change in Mach number in profile losses, Wright
and Miller's method is taken. The correlation relates blade profile loss at
reference conditions to equivalent diffusion ratio and inlet Mach number is shown
in Figure 3-26. By reading the map, the profile-loss parameter in Egs. (3-163)

already include the effect from change in Mach number.

Secondary Pressure Loss Coefficient

The profile pressure loss is caused by the boundary layer development in the
mainstream direction. For the flow that moves at right angles with respect to the
direction of the primary flow, it is usually defined as secondary flow and is directly
dependent on flow vorticity and circulation and also in the flow static pressure
field. For the secondary pressure loss, it is caused by a complex three-
dimensional secondary flow as a result of the end wall boundary layers passing
through the cascade. Although the compressor performance model established
in this research is a 1D mean line model. The secondary loss is still taken into

account.

In this study, Bloch and O’Brien’s method is obtained to estimate the secondary
pressure loss through the blade passage [155]. The equation is shown in Egs.
(3-166), where f,, is defined by Egs. (3-167).

0.72 cos?p, (3-166)
Ws =T —* cosB. * (tanpy — tanp,)?
tanf, + tanp, (3-167)
tanf,, =

2

Annulus Pressure Loss Coefficient

Annulus pressure loss refers to the additional drag effects caused by the walls of

the compressor passage.
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In this study, Bloch and O’Brien’s method is obtained to estimate the annulus
pressure loss through the blade passage. The equation is shown in Egs. (3-168)
[155].

cos?p, (3-168)
cos3Bm

wa=0.02*0*(%)*

3.5.1.2.3 Calculation of Deviation Angle

Blade deviation angle is an important parameter during accurate compressor off-
design performance simulation. The deviation angle is defined as the difference
between the outlet flow angle and the blade outlet angle. Using the rotor blade

as an example, the deviation angle is given by Egs. (3-169).

8 = P2 — Ahiade_outtet (3-169)
The deviation angle is caused by the potential flow effect. Due to the Kutta-
Joukowsky boundary condition with zero load at the trailing edge of the blade,
the air passing through the blade flow path cannot follow the blade camber
direction up to the passage outlet. The blade and cascade geometrical
characteristics including cascade solidity, blade camber angle and blade stagger
angle will affect the deviation angle. Because they determine the chord-wise
position where the flow direction starts to deviate from the tangential to the balde
camber line. The boundary layer development does not have a huge impact on
the deviation angle. The axial velocity ratio has been proven to influence the

amount of flow deviation.

In order to calculate the off-design deviation angle, the minimum-loss deviation
angle needs to be established first. Since the geometry data is read from the
experimental report directly, the minimum-loss deviation angles for each blade
row are calculated directly by using Eqgs. (3-169) based on the design point flow
angle and blade outlet angle.
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When calculate the off-design deviation angle, Creveling’s method is used[160].
The equation for deviation angle calculation is shown in Egs. (3-170). ¢ in Eqs.

(3-170) is the flow deflection angle calculated by Eqgs. (3-171).

§—8* (3-170)
§=6"+ ( - ) * g"
&
3-171
e=0-5§"+1i ( )
6 Off-design deviation angle,
6" Minimum-loss deviation angle
e* Flow deflection angle
0 Blade camber angle

Creveling defined a parameter P,, which is the ratio of the incidence angle
increment to the deflection angle, by Egs. (3-172). Similarly, a parameter P, is
defined by Egs. (3-173).

i—i (3-172)

5—6" (3-173)

Creveling and Carmody raised the correlation between P, and P, through
experimental data and the correlation is shown in Eqgs. (3-174). When P; is
positive or equal to zero then a = —0.2928, b = 0.5588, ¢ = —0.0008090. If P, is
negative then a = —0.3452, b = 0.48, ¢ = 0.0001191.

3-174
Py=axPf+bxP +c ( )

With all the parameters defined above, the off-design deviation angle can be
calculated by using Egs. (3-175) and the air outlet angle can be calculated by
using Egs. (3-169).

3-175
6=0"+P,x¢&" ( )
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3.5.1.3 Speed line Identification

The above discussion represents the calculation logic for a single off-design
point. To create the compressor speed line, a series of performance point under
one rotational speed with change in mass flow need to be determined. During the
change in mass flow, two ending point will reach, one is the choking point and

the other is the stalling point.

The choking point represents the compressor working point where the mass flow
cannot be further increased and the conditions in the inlet region and upstream
remain unaffected by changes in the downstream pressure. If we reduce the
downstream pressure, the flow in the diverging part of the blade passage will be
accelerated to higher supersonic velocities and lead to strong compressor
pressure ratio. The stall point represents the compressor working point where the
mass flow is too small for the compressor. At this point, the reduce in mass flow
led to an increase in incidence angle and the streamline on the blade suction side
cannot flow through the blade surface after the boundary layer separation point.
If the mass flow keeps reducing and the air pressure downstream of the
compressor does not fall quickly enough, the air flow will reverse and casing

surge.

In this study, the choke point is determined by two ways. The first is to use the
choke incidence angle. Herrig’s correlations with a modification of Mach number
shown in Eqgs. (3-176) and (3-177) is used for the choke incidence determination
[161].

6y~ 40 t 3-176
Renoke = 1.5+ <10 - %) . (0.5 +5- rr;ax) (3-176)

. Y (3-177)
lchoke =1 — Rchoke/(1 +0.5- M3)

The second way to determine the choke point is based on the convergence of
the mean line code. When mean line code cannot converge, it is also assumed

that compressor reach its choking condition.
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Stall point is also determined by two ways. Herrig’'s correlations for stall point is
used as the first determination way [161]. The correlations are shown in (3-178)
and (3-179), where the constant K, is the shape correction factor accounting for
the particular blade profiles. K;, is equals to 0.7 for MCA blade profile, 1 for NACA

65 series blade profile, and 1.1 for C4 series blade profile.

6 - (55— t 3-178
Rstau = 1.5+ (10 + M) : (0.5 +5- ";“") ( )

150

. Y (3-179)
lstau = U + Rgtqu/(1 + 0.5 (Ksh * M)3)
The second way is assuming the point where the slope of the speed line equals

to O as the surge point.

3.5.2 Heat Transfer Effect on Mean Line Model

As described in Chapter 2, the heat transfer between the blade and working fluid
will affect the compressor performance. In this study, the numerical correlation
raised by Shah is applied to the proposed mean line model to simulate the heat

transfer effect on compressor performance.

The non-dimensional heat transfer rate is defined first as the heat transfer rate
normalized by the inlet total enthalpy, as shown in Egs. (3-180) [117]. The heat
transfer direction is from the working fluid to the compressor metal. When working
fluid is cooled (the fluid temperature is higher than the metal temperature), the
value of g* will be lower than 0. When working fluid is heated (the fluid
temperature is lower than the metal temperature), the value of g* will be higher
than 0. Typical values of q* for one compressor stage in Shah’s computations

were on the order of -0.0025.

@ AH AT (3-180)

“ WxHy, Hp Ty

*

q

H Enthaply
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Correlation for the change in deviation angle caused by heat transfer effect that
raised by Shah is shown in Eqgs. (3-181) [117]. The value of ¢ for an arbitrary

relative Mach number is found using linear interpolation.

5= q” {g =0.1° for Mye; = 0.4 (3-181)
T 0.01° ¢ = 0.25° for My;; = 0.8
A6 Change in off-design deviation angle due to heat transfer effect

Correlation for the change in blade pressure loss caused by heat transfer effect
that raised by Shah is shown in Egs. (3-182) [117].

1 M2,
Aw = . Y Zrel.l g (3-182)
-1 y-1
Aw Change in off-design pressure loss coefficient due to heat transfer

effect

These two correlations are added to the deviation angle model and total pressure

loss model discussed above.

3.5.3 Map Modification Model

In order to modify the component map during the gas turbine transient simulation,
the idea of scaling factor was adopted. The definitions of scaling factors are
represented by Eqgs. (3-183) and (3-184), which are the ratio between modified
value and original value. The scaling factor is defined as a function of corrected
rotational speed and non-dimensional heat transfer rate, as shown in Egs. (3-185).
When knowing the original parameter and the scaling factor, the new parameter

can be calculated.

PRow (3-183)
SFpp = —2W
PR PRy

ME 3-184

SFMF — new ( )
MFy 4

3-185

SF = f(CN,q") ( )
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SF Scaling factor for compressor map

3.6 Model Implementation to Turbomatch

The methods outlined above were incorporated into a set of FORTRAN
subroutines so that they could be easily integrated with the FORTRAN source
code for the Cranfield gas turbine simulation platform Turbomatch. Detailed

information is listed in 7.8Appendix C.
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4 Validation

This chapter discusses the validation of the proposed heat soakage model, tip
clearance model, and mean line model. Heat transfer effect is an impact on the
gas turbine transient performance. In order to validate the proposed heat transfer
model, it is necessary to validate the adiabatic transient performance of
Turbomatch at first place to ensure the baseline of heat transfer model. So, the
steady-state and transient performance of Turbomatch is firstly compared with

experimental data and GasTurb.

4.1 Turbomatch off-design performance validation

In this Section, the validation of Turbomatch off-design performance is discussed.
The Energy Efficient Engine (E3) was selected for validation due to the
comprehensive experimental data provided by NASA. The cross-sectional view
of the E3 engine is shown in Figure 4-1. As shown in the Figure 4-1, the E3 engine
IS a two-spool mixed-flow turbofan. The corresponding Turbomatch model is
presented Figure 4-2.

1T

Figure 4-1 Energy Efficiency Engine Configuration
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Figure 4-2 Energy efficiency engine Turbomatch model

The first step is the comparison with the real engine performance at the design
point condition. The parameters for each engine components are directly
obtained from NASA E3 engine report, as shown in Table 4-1. The criteria used
during design point calculation is to set the combustor outlet temperature to

match the simulated thrust with the experiment value.

Table 4-1 Energy efficiency engine parameters

Parameters Value

Design Point Maximum Climb
Altitude (m) 10668

Flight Mach Number 0.8

Ambient Temperature (K) standard day +10K
Bypass Ratio 6.7

Overall Pressure Ratio 38.4

Corrected Mass Flow (kg/s) 646

Fan - Duct - Pressure Ratio 1.68
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Fan - Core - Pressure Ratio
Fan - Duct - Efficiency (%)
Fan - Core - Efficiency (%)

Fan - Duct - Pressure Loss based on
Maximum Cruise Condition(%)

Fan - Core - Pressure Loss based on

Maximum Cruise Condition (%)

Compressor Inlet Temperature (K)
Compressor Inlet Pressure (N/m”2 or kPa)
Compressor Corrected Inlet Mass Flow (kg/s)
Compressor - Pressure Ratio

Compressor — Isentropic Efficiency (%)

CPD Nonchargeable Cooling (%W25)
Combustor Efficiency (%)

Combustor Pressure Loss (%)

HPT Efficiency (%)

LPT Efficiency (%)

1.7

88.8

90.5

1.7

1.4

304.8

60469

4.4

23.1

0.86

16.15

99.9

5

92.7

92.7
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The parameters chosen for design point validation are thrust, thrust specific fuel
consumption (TSFC), compressor inlet total temperature, compressor inlet total
pressure, high-pressure turbine (HPT) inlet total temperature, and HPT inlet total
pressure. Table 4-2 presents a comparison between the actual design data from
the NASA report and the results obtained with Turbomatch, along with the relative
percentage errors. The differences between the simulation results and the NASA
data are generally small. The largest discrepancy occurs at the HPT inlet

temperature, with a difference of -1.82%. This may be due to the missing data for




fan duct pressure loss and fan core pressure loss at the design point condition,
as the NASA report only provides these values for maximum cruise conditions.
The difference in pressure loss could affect the thrust and, in turn, cause a
variation in the high-pressure turbine (HPT) inlet total temperature.

Table 4-2 Design point performance comparison

NASA TM File Difference

Net Thrust (Uninstalled) (kN) 40.211 40.211 0%
TSFC (Uninstalled) (g/kN/s) 15.0278 15.08357 0.37%
Compressor Inlet Temperature (K) 304.8 304.89 0.03%
Compressor Inlet Pressure (kPa) 60469 60420.1 -0.08%
Compressor Corrected Inlet Mass

Flow (kg/s) 54.4 54.30 -0.18%
HPT Inlet Temperature (K) 1517.15 1489.43 -1.82%
HPT Exit Temperature (K) 1056.3 1051.75 0.43%

After defining the engine design point it was necessary to ensure that this model,
with parameters defined in Table 4-1, works well in off-design conditions. Off-
design study needs compressor and turbine component maps. Standard
compressor and turbine maps available in the Turbomatch database are used.
They are generic maps but can be used, as a first approximation, for most of the

turbomachinery.

Two off-design conditions are selected to validate the proposed model: maximum
cruise and takeoff conditions. During the off-design simulation, the high-pressure
spool corrected rotational speed is chosen as the control parameter (referred to
as a 'user-defined' parameter). The ambient conditions are manually set to match
the engine's actual operating conditions. The remaining simulation data are

automatically calculated by Turbomatch, allowing for a direct comparison
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between the Turbomatch results and NASA data. The comparison between the
Turbomatch simulation outcome and NASA data are listed in Table 4-3 and Table
4-4. Based on the comparison results, the error between the NASA data and the
Turbomatch results does not exceed 3.6% in both maximum cruise and takeoff
conditions. Considering that Turbomatch is a OD simulation tool, this level of
discrepancy is acceptable. Therefore, the Turbomatch steady-state calculations

are validated.

Table 4-3 Off design (Maximum Cruise) performance comparison

NASA Turbomatch| Difference (%)

\Working Point Maximum Cruise

Altitude (m) 10668 10668 0
Flight Speed (Mach) 0.8 0.8 0
Ambient Temperature (C) ISA +10C ISA + 10 0
Net Thrust (Uninstalled) (kN) 37.476 37.51 0.0928
TSFC (Uninstalled) (kg/N/hr) 15 14.99 -0.0719
Bypass Ratio 6.8 6.84 0.5882
Overall Pressure Ratio 36.5 36.42 -0.2109
LP Spool Corrected Speed (%) 97.1 97.79 0.7085
HP Spool Corrected Speed (%) 99.5 99.5 0
Mass Flow (kg/s) 243.6768 240.30 -1.387
Fan - Duct - Pressure Ratio 1.64 1.637 -0.1829
Fan - Core - Pressure Ratio 1.66 1.664 0.2410
Fan - Duct - Efficiency (%) 89.4 88.936 -0.5190
Fan - Core - Efficiency (%) 90.6 90.786 0.2053
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Compressor Inlet Temperature (K)
Compressor - Pressure Ratio
Compressor - Efficiency (%)

HPT Inlet Temperature (C)

HPT Efficiency (%)

LPT Efficiency (%)

310

22.4

86.1

1485.15

92.7

92.5

302.73

22.381

86.228

1454.1

92.67

92.988

-2.3452

-0.0848

0.1487

-2.0907

-0.0324

0.5276

Table 4-4 Off design (Take Off) performance comparison
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NASA Turbomatch| Difference (%)

\Working Point Take Off

Altitude (m) 0 0 0
Flight Speed (Mach) 0 0 0
Ambient Temperature (C) ISA +15C ISA + 15 0
Net Thrust (Uninstalled) (kN) 162.36 164.87 1.5459
TSFC (Uninstalled) (kg/N/hr) 8.472 8.172 -3.5423
Bypass Ratio 7.3 7.153 -2.0096
Overall Pressure Ratio 324 31.442 -2.9556
LP Spool Corrected Speed (%) 88.7 89.06 0.4002
HP Spool Corrected Speed (%) 97.7 97.7 0
Mass Flow (kg/s) 563.42 559.68 -0.6633
Fan - Duct - Pressure Ratio 1.56 1.526 -2.1795
Fan - Core - Pressure Ratio 1.58 1.557 -1.4557




Fan - Duct - Efficiency (%) 89.1 90.14 1.1717
Fan - Core - Efficiency (%) 90.9 91.23 0.3630
Compressor Inlet Temperature (K) 349.5 347.86 -0.4692
Compressor - Pressure Ratio 20.8 19.995 -3.8701
Compressor - Efficiency (%) 86.3 86.28 -0.0231
HPT Inlet Temperature (C) 1616.15 1563.12 -3.2812
HPT Efficiency (%) 92.1 92.471 0.4028
LPT Efficiency (%) 92.8 93.77 1.0452

4.2 Turbomatch transient performance validation

Except the steady state calculation, the accuracy of transient simulations also
needs to be assessed. However, open literature on gas turbine transients often
lacks crucial information for repeatable simulations, such as the performance
maps used and detailed experimental data. Additionally, many outcomes are
presented in normalized forms, which are not directly readable. For this reason,
GasTurb, a commercial software, is selected for validating transient simulations.
GasTurb provides detailed outcomes, and its accuracy has been validated by

other researchers.

4.2.1 Engine Model Identification

Firstly, a one-spool turbojet engine is chosen as the simulation object. The engine
structure of the turbojet engine is shown in Figure 4-3. The specific engine data
and performance parameters are listed in Table 4-5. The design point of the
turbojet engine is selected as the take-off condition (Sea level, Mach = 0, ISA =
0).
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Figure 4-3 Schematic of the one-spool turbojet engine

Table 4-5 One-spool turbojet engine parameters (Sea Level, Static, ISA condition)

Parameters Value
Mass Flow (kg/s) 32
Compressor Pressure Ratio 12
Compressor Isentropic Efficiency 0.85
Combustor Outlet Temperature (K) 1450
Combustor Efficiency 0.99
Turbine Efficiency 0.85
Polar Moment of Inertia (kg*m”2) 4.05
Cooling Flow (%) 10
Engine Shaft Speed (rpm) 14000
Thrust (kN) 26.73
SFC (g/(kN*s)) 24.98

4.2.2 Component Map ldentification

The component map that includes the component performance under different
working conditions is the fundamental for gas turbine off-design and transient
simulation because it represent the performance of real-world gas turbine

components. In most condition, the performance map is based on adiabatic
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experimental data. Since the transient simulation is assumed to be adiabatic in

current stage, the map will be used in both off-design and transient simulation.

Besides the gas turbine model, the component map used by both software should

be kept same.

The map used in GasTurb for the compressor is 99 NASA TM 101433 example
compressor map and the map for the turbine is 99 AGARD two-stage turbine map.
Although there are more selectable maps in GasTurb, in our case these two maps
are used for validation. The unscaled map is shown in Figure 4-4 and Figure 4-5.
For the rest of transient simulation in Section 5, standard compressor and turbine

maps from the Turbomatch library are used.

Pressure Ratio

S0'k= O N

35

Corrected Mass Flow (kg/s)

Figure 4-4 99 NASA TM 101433 example compressor map
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Figure 4-5 99 AGARD two-stage turbine map

The compressor map data in GasTurb consists of 10 speed lines, each with 10
points for each relative speed line. However, the map required by Turbomatch
necessitates 20 speed lines with 20 points for each speed line. Therefore, it is
necessary to interpolate the original GasTurb map to obtain more speed lines
and data points. In this case, linear interpolation is chosen as the interpolation
method for the map interpolation. To avoid inaccuracies caused by the
interpolation process, the selected interpolation area of the map is positioned
away from the designed compressor working range. The designed compressor's
corrected rotational speed ranges from 0.7 to 1.0, and interpolation is not
performed within this range. This approach helps to eliminate the effects of
interpolation during the validation process. The interpolated compressor pressure
ratio and efficiency maps are shown in Figure 4-6 and Figure 4-7.

142



Compressor Map (Pressure Ratio)

12

10

PR
)

10 15 20 25

Corrected Mass Flow (kg/s)

30 35 40

Figure 4-6 Interpolated compressor pressure ratio map

Compressor Map (Efficiency)

35

0.9

0.85

0.8

0.75

=
~

Efficiency

0.65

0.6

0.55

0.5
10 15 20 25

Corrected Mass Flow (kg/s)

30 40

Figure 4-7 Interpolated compressor efficiency map
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For the turbine map, more work is needed cause the map used by GasTurb is
based on the turbine pressure ratio while that used by Turbomatch is based on

the turbine enthalpy drop ratio. The equation used to transfer pressure ratio into
the enthalpy drop ratio is shown by Egs. (4-1), where A7H is the turbine enthalpy

drop ratio, which is the enthalpy change upon inlet total temperature, PR is the
pressure ratio. During this process, it is assumed that the expansion in turbine is
isentropic. Due to the temperature is unknown, the Cp value is assumed to be
1150 J/kg-K and the y value is assumed to be 1.333, which are typical value

during thermal dynamic calculation. The choice of Cp value and y value will have
an impact on the magnitude ATH but will not affect the shape of the speed line.

When using the map during off design and transient simulation, the map will be
scaled based on the design point performance of actual gas turbine model. This

will eliminate the inaccuracy caused by the choice of Cp and y value.

AH 1\7r (4-1)
—_ X _ | —
A (PR)

The data included in GasTurb turbine map has 7 speed lines and 10 points for
each line. Same as the compressor, the linear interpolation method is also
chosen here. The interpolated map is shown in Figure 4-8 and Figure 4-9.
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Figure 4-8 Interpolated turbine mass flow map
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Figure 4-9 Interpolated turbine efficiency map
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4.2.3 Map Scaling Point Selection

Since the pressure ratio in the GasTurb compressor map does not consistently
increase along the mass flow for some relative speed lines (or we can say that
the pressure ratio forms a concave function of mass flow), Turbomatch's map
reading method may encounter errors when identifying the peak point in certain
speed lines. Therefore, the selection of the scaling point becomes crucial as we
aim to position our gas turbine operating region away from the peak region in the

map.

Here, the beta value in the GasTurb compressor map, utilized for map scaling, is
set at 0.3. While this alters the engine's design point position within the map, it
effectively mitigates the map reading issue. To maintain consistency with the
design point position, the Z value in Turbomatch is chosen as 0.33, ensuring

uniform scaling factors for pressure ratio, mass flow, and efficiency.

For the turbine map, W/Wmax value in Turbomtach is selected as 0.6443, and
corrected rotational speed (CN) is set as 0.58 to have the same scaling factor

with GasTurb and the same design point CN.

The final map scaling factors for the compressor and turbine in both software are
listed in Table 4-6.

Table 4-6 Scaling Factor in Both Software

Parameter GasTurb Turbomatch
Compressor Mass Flow / 0.9532999
Scaler

Compressor PR Scaler 1.744 1.744
Compressor Eff Scaler 0.998 0.99821
Turbine Flow Scaler / 1.957
Turbine PR Scaler 1.145 /

Turbine deltH Scaler / 0.9597
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Turbine Eff Scaler 0.9786 0.9786

4.2.4 Nozzle Outlet Area Calculation

In GasTurb nozzle outlet area calculation, a parameter named after ‘Design
Nozzle Petal Angle’ is used for nozzle discharge coefficient Cpg calculation. The
Cpg map is shown in Figure 4-10. This index will change the nozzle outlet area by
Egs. (4-2) and (4-3), where A,ff g is the effective nozzle area calculated by nozzle
outlet station flow parameters, Wy is nozzle outlet mass flow rate, T;g is nozzle
outlet static temperature, Ps g nozzle outlet static pressure, Vg is nozzle outlet flow

velocity and Ag is the geometric nozzle area used for thrust calculation.

A . Wg-R-Tsg (4-2)
errs Psg - Vg

4-3
Cpg = Aeff,B/AS (4-3)

Since the nozzle area in TURBOMATCH is the effective nozzle area, so the value

for ‘Design Nozzle Petal Angle’ is set as 0 in GasTurb.

MNozle Discharge Coefficient

Design Mozzle Petal Angle

1 12 14 15 18 2 22 24 26
MNozzle Pressure Ratio

Figure 4-10 Nozzle discharge coefficient map [140]
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4.2.5 Transient Performance Validation

This section will introduce transient fuel flow logic setting up and the transient
outcome comparison between GasTurb and TURBOMATCH when keeping all
controllable parameters, the same.

4.2.5.1 Transient Fuel Schedule Setting

To simulate the transient performance of gas turbine engine, it is necessary to
set fuel flow schedule used for transient simulation. Several types of fuel schedule
control logic can be selected, including fuel flow as a function of simulation time,
fuel flow as a function of shaft corrected rotational speed, or fuel flow as a function
of power level angle. Selection of a different fuel schedule control logic will lead
to a different fuel flow value outcome through the simulation time and transient
manoeuvre will be different. For the control variable purpose, the fuel schedule
control logic used in both software is selected as the fuel flow as a function of
simulation time. By setting this fuel schedule, the fuel flow value at every
simulation time step can be controlled the same, which guarantee the exact same
transient manoeuvre. Moreover, the transient simulation methodology used by
GasTurb is the constant mass flow method. To keep the consistency, constant
mass flow method was chosen in Turbomatch. Additionally, component
performance maps used by both software are kept the same, as discussed
Section 4.2.2. The transient manoeuvre was selected as a simple acceleration
process. An acceleration from idle (shaft corrected rotational speed of 70%) to
the maximum power (shaft corrected rotational speed of 100%) was set up. To
prevent potential issues caused by a sudden increase in fuel flow, the fuel flow
was linearly increased from the idle value to the maximum power value over a
period of 1 second, as shown in Figure 4-11. The entire transient manoeuvre lasts
for 15 seconds.
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Figure 4-11 Transient Fuel Schedule for Gas Turbine Transient Performance

4.2.5.2 Burner Time Constant Setting

In GasTurb there is one parameter named after the ‘Burner time constant’ in the
transient setting. This parameter is used to simulate the combustion delay in the
combustor. In TURBOMATCH, there is no such setting, and combustion delay is
not considered. In order to keep the consistency, this parameter in GasTurb is
set as 0 during the transient performance simulation. A sensitivity analysis of the

burner time constant is discussed in 7.8Appendix D.

4.2.5.3 Transient Outcome Validation

Transient outcomes are simulated and compared. The outcomes are show Figure
4-12 (a) to (i), where the blue line represents the Turbomatch outcome, the
orange line represents the GasTurb outcome. Both of them use the primary
coordinate axis on the left. The grey line represents the difference between
Turbomatch and GasTurb when using GasTurb outcome as the baseline. It uses
the secondary coordinate axis on the right.
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Off Design Working Line Comparison
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Figure 4-12 Transient Performance Comparison between Turbomatch and
GasTurb

The corrected rotational speed over time is illustrated in Figure 4-12 (a), revealing
slightly faster acceleration in Turbomatch compared to GasTurb. However, the
difference between them is limited to 0.6%. The thrust and mass flow rate
comparison are illustrated in Figure 4-12 (b) and (c). The maximum difference
observed in thrust throughout the entire transient manoeuvre is -1.7%, while for
mass flow, the difference reaches 1.2%. Figure 4-12 (d) and (e) show the
compressor pressure ratio and turbine expansion ratio, respectively, with
differences within 1%. The exit total temperatures of components are depicted
in Figure 4-12 (f) to (h), where differences are also within 1%. The transient
working line is shown in Figure 4-12 (i), demonstrating a good agreement
between Turbomatch and GasTurb. Based on this comparison, the accuracy of

Turbomatch transient simulation is assured.

4.3 Geometry Identification Model Validation

During the geometry identification model validation, it is firstly compared with the
actual geometry of energy efficiency engine compressor. The design parameters
for energy efficiency engine compressor is listed in Table 4-7. To have a better
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prediction, the blade aspect ratio and pitch chord ratio for each stage blade are
obtained from the report. The axial gap (which is a constant percentage of blade
axial length) between the blade is added as a handle to control the total length of

the compressor.

Table 4-7 Energy efficiency engine compressor parameter

Parameter Value
Inlet Total Pressure (N/m”"2) 59641.8
Inlet Total Temperature (K) 304.4
Number of Stage 10
Mass Flow (kg/s) 31.1545
Pressure Ratio 25

Inlet Hub/Tip Ratio 0.5074
Inlet Axial Velocity (m/2) 200

The simulation outcome is shown in Figure 4-13. The red solid line represents
the geometry identification model simulation outcome. The blue dashed line

represents the actual compressor geometry data from NASA report.
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Compressor Geometry Comparison
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Figure 4-13 Comparison between E3 compressor and simulation outcome

The inner radius and outer radius at each stage, the blade axial length, and blade
number at each stage are chosen as the validation data. The difference between
the simulation outcome and the actual compressor data are shown in Figure 4-14
(a) to (d). Based on the comparison, the maximum difference tip radius is -6.8%,
and the maximum difference hub radius is -9.57%. The maximum difference in
blade number is -19.2%. The primary reason for the discrepancy is the geometry
of the flow path. The proposed geometry identification model is a preliminary
design tool, constrained to constant tip diameter, constant hub diameter, and
constant mean diameter. In reality, compressor geometry does not adhere to
these constant values due to aerodynamic and mechanical stress considerations,
among other factors. This leads to significant differences in the actual compressor
geometry. Due to the differences in geometry, the inner and outer radii will differ
from the actual values, leading to discrepancies between the estimated and
actual blade heights. The estimated blade number is further affected by the actual
and estimated geometry. In the model, the number of blades is estimated based
on the pitch and chord ratio and the perimeter at the mean radius. A smaller mean

radius led to a smaller perimeter and a lower estimated blade number.
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Figure 4-14 Difference between actual compressor geometry and simulation

During the previous comparison, the mass and wetted area value are not
provided by NASA report. In order to validate the mass and wetted area
accuracy. GasTurb is chosen again because it can offer a
comprehensive data. Besides, the geometry model used by GasTurb is also a
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preliminary design model, which is similar with the proposed geometry
identification model. Gas turbine engine model described in Section 4.2.1 is used
during the validation. The compressor in the engine model is a 5-stage axial
compressor with the constant tip diameter geometry selected. The combustor is
an annulus shape combustor. The turbine is a single stage turbine with the
constant mean diameter geometry selected. For the detailed geometry data are
listed in Table 4-8.

Table 4-8 Geometry Data

Parameters Value

Compressor Shaft Radius (m) 0.067

Compressor Number of stage 5

Compressor Inlet Hub/Tip Ratio 0.5

Design Point Inlet Mach Number 0.5

Annulus Configuration Constant Tip Diameter
Compressor Blade Aspect Ratio 1.5

Compressor Blade Pitch/Chord Ratio | 0.5

Mean Blade Thickness (% of Chord) |1

Casing Thickness (m) 0.005
Material Ti-6Al-4V
Combustor Type Annulus
Combustor Length (m) 0.5
Flame Tube Wall Thickness (m) 0.005

Combustor Casing Inner Radius (m) | 0.368

Material N-155
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Turbine Shaft Radius (m) 0.0557

Turbine Number of Stage 1

Turbine Inlet Hub/Tip Ratio 0.5

Turbine Inlet Mach Number 0.5

Annulus Configuration Constant Hub Diameter

Mean Blade Thickness (% of Chord) | 1.5

Casing Thickness (m) 0.005

Material Inconel 718

Based on the design point data and geometry data, two engine model are
created. One is based on the Turbomatch, and the other is based on the
GasTurb. All the input data were controlled the same.

According to the geometry identification outcome, the maximum difference
between the two software regarding the compressor's inner radius is 4.3%, while
the difference in blade number is only 1, occurring at stator 1. For the turbine, the
maximum difference for geometry is 1.3%, with no difference in blade number.
The design outcomes by GasTurb and TM are illustrated in Figure 4-15. The
reason why discrepancies occur is due to the different applied Mach number
distribution model. For the proposed model, the constant axial velocity is
assumed for each stage Mach number estimation. However, in GasTurb, the
Mach number distribution is based on a liner interpolation based on the user
defined inlet and outlet Mach number. With different Mach number distribution
model, the flow function distribution will be different and lead to a difference in

flow area and geometry of component.
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Turbine Geometry Comparison
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Figure 4-15 Geometry comparison between Turbomatch and GasTurb

To ensure consistency, the wetted area and mass of each component are also
compared. While dividing the compressor into stages ensures similarity in each
stage's mass and wetted area, maintaining overall consistency across
components is challenging. Therefore, the total mass and wetted area of the
components are compared to align both software at the same level. The detailed
data are presented in Table 4-9. The highest difference is found in compressor
blade mass, which is overestimated by 4.82%. With differences limited to within

5%, the geometry design outcome is reasonably good for the current study.

Table 4-9 Wetted area and mass of component for Turbomatch and GasTurb

GasTurb ™ Difference (%)
COMPRE Blade -0.14
53.87 (kg) 53.79 (kg)
Mass
COMPRE Blade 4.82
4.855 (m"2) 5.101 (m"2)
Area
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COMPRE Casing -0.06
13.28 (kg) 13.27 (kg)
Mass
COMPRE Casing -0.71
1.055 (m"2) 1.048 (m"2)
Area
COMPRE Disc -2.60
43.47 (kg) 42.34 (kg)
Mass
COMPRE Disc -0.08
0.257 (m"2) 0.256 (m”2)
Area
COMBUSTOR 0.6
33.34 (kg) 33.54 (kg)
Can Mass
COMBUSTOR 1.21
1.667 (m"2) 1.687 (m"2)
Can Area
TURBIN Blade -0.01
10.93 (kg) 10.93 (kg)
Mass
TURBIN Blade 0.55
1.041 (m"2) 1.046 (m"2)
Area
TURBIN Casing -2.00
4.333(kg) 4.246 (kg)
Mass
TURBIN Casing -2.00
0.108 (m”2) 0.106 (m”2)
Area
TURBIN Disc -1.55
23.19 (kg) 22.83 (kg)
Mass
TURBIN Disc -2.99
0.045 (m"2) 0.044 (m"2)
Area

Overall, the proposed geometry identification model shows an approximately
20% maximum difference with the actual engine data and it is mainly caused by
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the limitation of the preliminary design (the geometry is limited within constant tip
diameter, constant hub diameter, and constant mean diameter). When comparing
the simulation outcome with GasTurb, where the geometry model is also based
on preliminary design, the difference is within 5%. This indicates that the accuracy
of the proposed model is trustable based on the criteria in other research
publication [150,162].

4.4 Heat Soakage Model Validation

When validating the heat soakage model, two parts need to be validated. The
first part is the heat flow rate prediction accuracy during transient manoeuvre.
And the second part is the transient performance prediction accuracy with the
consideration of heat soakage effect. However, in the field of heat soakage effect
on gas turbine transient performance, no suitable validation material is provided
in the public domain. Due to this reason, GasTurb is chosen to validate the

proposed heat soakage model because it includes a simple heat soakage model.

4.4.1 Heat Flow Rate Estimation Model Validation

During the heat flow rate prediction accuracy validation, the same gas turbine
structure as described in Section 4.3 is selected during the heat soakage model
validation. According to the geometry identification outcome discussed in Section
4.3, the quasi-2D thermal network is established.

As mentioned before, the heat soakage model used in GasTurb is different with
the proposed heat soakage model. For GasTurb, the heat soakage model is
based the conventional lumped parameter method, which treat the whole
component as a lumped node. Convective heat transfer is neglected. However,
the proposed heat soakage model is a quasi-2D model which establish the
thermal network based on each stage of compressor and turbine elements
(blade, casing and disc) and combustor zone, where convective heat transfer is
considered. When estimating the heat flow rate of the combustor, the mean gas
temperature based on the inlet and outlet condition of the combustor is used by
GasTurb’s heat soakage model. In the proposed model, combustor zone

temperature is applied to have a more realistic temperature distribution. Besides,
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the radiative heat transfer is considered. Moreover, the proposed heat soakage
model considered the cooling technologies including film cooling, internal cooling
and thermal barrier coating. These are not included in GasTurb’s heat soakage

model.

When estimating the heat flow rate, the mentioned differences will lead to
different heat transfer process. The convective heat transfer will lead to a delay
in heat transfer process. The combustor temperature distribution will lead to a
higher estimated combustor temperature compared with the outcome from mean
temperature. The radiative heat transfer will increase the heat flow rate. The film
cooling and thermal barrier coating will reduce the wall temperature. The internal
cooling will move part of the heat. To keep the consistency of the heat transfer
process, modification has to be applied to the boundary condition of the proposed

heat soakage model.

Based on the difference between GasTurb’s heat soakage model and proposed
heat soakage model, the combustor temperature profile is set as the mean
temperature based on combustor inlet and outlet condition during the estimation
to keep the consistency. The radiative heat flow rate is removed. The convective
heat transfer coefficient is set as 0 and the nodes temperature is updated based
on the convective heat flow rate. This neglect the effect coming from convective
heat transfer. Film cooling efficiency is set to O to neglect the effect coming from
film cooling. The internal cooling boundary is set as adiabatic boundary condition
to neglect internal cooling. The thermal barrier coating thickness is set to 0 to
avoid the effect coming from thermal barrier coating. By setting these boundary
condition, heat transfer process of the proposed heat soakage model is kept
consistent as the heat soakage model used by GasTurb.

Based on the gas turbine model discussed in 4.2.1 and transient maneuverer
4.2.5.1, a comparison of the heat flow rate in each engine component over time
between TM and GasTurb is presented in Figure 4-16. It can be found that the
magnitude of the estimated heat flow rate from two software show a good

agreement with each other through the entire transient manoeuvre. Based on the
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comparison, the maximum heat flow rate differences for the compressor,

combustor, and turbine are -5.88%, 7.94%, and -3.08%, respectively.
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Figure 4-16 Heat flow rate comparison between TM and GasTurb

Due to the validation on heat flow rate estimation is based on the comparison
with GasTurb and the boundary condition is modified to keep the heat transfer
consistency. A sensitivity analysis on the model input effect on heat flow rate

estimation outcome is discussed in Section 5.1.

4.4.2 Heat Soakage Effect on Transient Performance Model
Validation

The heat flow rate estimation accuracy is important. However, it is more important
to analysis the heat soakage effect on gas turbine transient performance. the
parameter chosen for validation are shaft corrected rotational speed, compressor
pressure ratio, compressor outlet temperature, combustor outlet temperature and
exhaust gas temperature. Comparison between Turbomatch and GasTurb with
and without heat soakage are shown in Figure 4-17, where the solid lines
represent the condition without considering heat soakage, while the dashed lines

represent the condition with the consideration of heat soakage.

163



For CN, the maximum difference observed is 0.57% at 1.45 simulation seconds
in the transient condition and 0.411% at 1.3 simulation seconds in the heat
soakage condition. The maximum differences for the compressor pressure ratio
are 0.065 in the transient condition and 0.073 in the heat soakage condition, both
within 0.7%. For compressor outlet temperature, the maximum difference is 0.29%
at 1.5 simulation seconds in transient condition and 0.84% at 1.35 simulation
seconds in heat soakage condition. For combustor outlet temperature, the
maximum difference is -0.5% at 1.1 simulation seconds in transient condition and
0.4% at 3.2 simulation seconds in heat soakage condition. The maximum
difference for the exhaust gas temperature is 12.25K in the transient condition
and 23.37K in the heat soakage condition, within 2.5%. Based on the above
discussion, the engine heat soakage component performance modification

method has been validated.
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Figure 4-17 Gas turbine transient performance comparison between TM and
GasTurb with and without heat soakage effect
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4.5 Tip Clearance Model Validation

GasTurb was initially selected as the validation benchmark due to its inclusion of
tip clearance estimation during transient simulation. The gas turbine model
discussed in Section 4.2.1 is selected as the simulation object. However, the tip
clearance datum condition in GasTurb and Turbomatch is different. For GasTurb,
the datum condition is based on the last off-design condition which is also the
starting point of transient simulation. For Turbomatch, the datum condition is
chosen as design point condition. In order to keep the datum condition, the same,
the transient manoeuvre should start from the design point. Since the design point
of the gas turbine model describe in Section 4.2.5 is based on full rotational speed,
a deceleration from the design point to idle condition was selected as the transient
manoeuvre. By using this way, the datum condition of tip clearance and transient
manoeuvre can be kept the same. The fuel flow schedule is shown in Figure 4-18,
similar to the schedule discussed in Section 4.2.5.1, based on time for control
purposes. The tip turbine clearance change over time is shown in Figure 4-19,
demonstrating good agreement between the two software throughout the
duration. The maximum difference is 0.18% of the blade length. However,
towards the end of the transient simulation, the tip clearance reduction rate in
GasTurb is smaller. This is because GasTurb disregards the thermal expansion
of the disc during short transient simulation spans. The live disc radius is only
affected by centrifugal force. This approach is reasonable for short-duration
transient simulations, as disc heat transfer is relatively slow. Nonetheless, long-

duration transient simulations remain necessary.
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Figure 4-18 Fuel schedule for tip clearance validation against GasTurb
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Figure 4-19 Turbine tip clearance change comparison between GasTurb and
Turbomatch

Unfortunately, detailed geometry data for tip clearance models are not provided
in open literature by most investigators. As a result, when comparing tip clearance
movement during a long-duration transient manoeuvre, only qualitative analysis

can be conducted, rather than quantitative analysis.

For the long-duration transient comparison, the research findings from Kumar et

al. [163] are chosen. In Kumar's study, a full 3D turbine stage in a small gas
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turbine engine was established. The geometry of the turbine rotor established by

Kumar et al. is shown in Figure 4-20.

NGV with integril blade shroud

Figure 4-20 The geometry of the turbine rotor in Kumar’s research [163]

An acceleration transient was simulated. This transient manoeuvre based on gas
turbine model discussed in Section 4.2.1 and the fuel flow schedule discussed in
Section 4.2.5.1 is simulated. The tip clearance movement of the HPT is shown in
Figure 4-21 (a), and the variation of tip clearance from Kumar’s work is shown in
Figure 4-21 (b). From the comparison, it can be observed that both models
capture the same trend of tip clearance movement. Initially, there is a sudden
reduction in tip clearance due to the rapid change in blade length and disc radius
caused by increasing in rotational speed. Subsequently, the tip clearance
increases due to casing thermal expansion, followed by a reduction to the
equilibrium condition. During this stage, the dominant factor is the change in
turbine thermal displacement. Based on these findings, it can be concluded that
the results produced by the proposed tip clearance model are reliable.
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Figure 4-21 Tip clearance variation comparison

By comparing Figure 4-19 and Figure 4-21, the impact of the different choice of
tip clearance condition can be investigated. In the condition of GasTurb, where
the datum condition is selected as the starting point of transient manoeuvre, the
tip clearance will always start from the user setting tip clearance value (the value
that will not affect component efficiency). However, this means that the datum

condition will always change under different transient manoeuvres. For example,
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for the acceleration process starting with CN equals to 0.7 and deceleration
process starting with CN equals to 1.0, the tip clearance will both start from user
setting value. This is not in line with reality. But if you set the datum condition
based on the design point condition, the tip clearance at the beginning of transient
manoeuvre will be dependent on the selection of transient manoeuvre, which is

closer to reality.

4.6 Mean Line Model Validation

In order to create the map modification model that described in Section 3.5.3, the
accuracy of the proposed mean line model that discussed in Section 3.5.1 and
3.5.2 should be validated. In this section, the adiabatic mean line model (without
consideration of heat transfer effect) and the non-adiabatic mean line model (with

consideration of heat transfer effect) will be discussed.

4.6.1 Adiabatic Mean Line Model Validation

The mean line model accuracy is firstly compared with the NASA stage 35
experiment data [164]. NASA stage 35 is a single stage compressor with design
point pressure ratio of 1.82. The flow passage of NASA stage 35 is shown in

Figure 4-22.
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Figure 4-22 Flow passage for NASA stage 35 [164]

By using the proposed adiabatic mean line model described above, several

speed lines of the single stage compressor have been simulated, including 100%,
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90%, 80%, and 70% speed lines. The comparison between the experiment data
and simulation outcome is shown in Figure 4-23. The red dots represent the
NASA experiment data and the dashed blue line represent the mean line model
outcome. It can be found that the mean line model has a good agreement with
the experiment data. For speed line 100% and 90%, the differences are controlled
within 2%. For speed line 70%, there is a relatively larger difference in the speed
line, however, the difference is still controlled within 6%. Based on the
comparison outcome, the accuracy of the developed adiabatic mean line model

is validated.
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Figure 4-23 Comparison between the developed mean line model and NASA
experiment data

4.6.2 Non-Adiabatic Mean Line Model Validation

Based on the developed adiabatic mean line model, the effect coming from heat
transfer is also analysed and the simulation outcome is compared with the 3D
CFD model of NASA rotor 35 developed by Shah [165]. The 3D CFD model is

shown in Figure 4-24.
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Figure 4-24 3D CFD model of NASA rotor 35 developed by Shah [165]

The rotational speed was set as 93.7% of the design rotational speed and the g*
value provided by Shah was -0.008. The comparison is shown in Figure 4-25,
where the red solid and dashed line represent the outcome under adiabatic
condition. The blue solid and dashed line represent the outcome with the
consideration of heat transfer effect. The reason why the shape of the speed line
that calculate from CFD is different from what calculate from mean line code is
that the pressure ratio computed in the CFD cases is based on a mass-average
of the total pressure in the absolute frame of reference at the exit plane of the
computational domain. Although the shape of the speed line various with each
other, the deviation of the speed line due to heat transfer effect has a good
agreement. At a corrected flow of 19.27 kg/s, the pressure ratio of the compressor
increased by 2.84% based on Shah’s model. In the developed mean line model,
the pressure ratio was increased by 3.76%, which is very close to Shah’s finding.
For the maximum mass flow capacity, it was increased by 1.4%, which is similar
to Shah’s finding. Based on this comparison, the accuracy of the map

modification model is validated, and is good enough for further investigation.
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Figure 4-25 Comparison of the heat transfer effect on compressor map
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5 Case Study

In this Chapter, several case studies based on the proposed heat transfer effect

model mentioned above will be discussed.

5.1 Quantifying Heat Flow Rate Sensitivity to Model Inputs

The accuracy of the proposed heat soakage model was compared with GasTurb
in Section 4.4. During this comparison, the component performance modification
model remains unchanged, but the boundary conditions of the heat soakage
model are adjusted to ensure consistent heat transfer processes in both GasTurb
and the proposed heat soakage model. Since experimental data is unavailable
for comparison due to a lack of necessary data in public domain, it is important
to assess the sensitivity of heat flow rates to various model assumptions.

The first assumption involves the estimation of the heat transfer coefficient, which
is based on the Nusselt number. Dynamic viscosity plays a critical role in
determining the Nusselt number, and it is estimated using Sutherland’s law, with
reference temperature, Sutherland constant, and reference viscosity all based on
air. The reference temperature selected by different researcher various from
273K to 288K, which lead to approximately 4-7% differences in estimated
dynamic viscosity based on temperature. To assess the impact of potential errors
in the dynamic viscosity estimation, a variation is applied to the calculated
dynamic viscosity. In our case, a small change from -10% to 10% is applied to
the estimated dynamic viscosity. The outcome is shown in Figure 5-1 (a) to (d).
It was found that a 10% decrease in dynamic viscosity leads to approximately an
8.4% increase in the heat transfer coefficient, while a 10% increase in dynamic
viscosity results in about a 7.05% decrease in the heat transfer coefficient. The
change in the heat transfer coefficient over time is illustrated using the
compressor as an example. Changes in the heat transfer coefficient impact the
estimation of heat flow rates, as they directly affect the heat transfer process—a
higher heat transfer coefficient results in faster heat transfer, and vice versa. By
comparing the heat flow rates in three components, it was observed that a 10%

decrease in dynamic viscosity leads to a maximum increase of approximately
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6.5% in compressor heat flow rate, 4% in combustor heat flow rate, and 7% in

turbine heat flow rate.
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Figure 5-1 Sensitivity analysis of dynamic viscosity on heat flow rate

Another assumption is made during the development of the film cooling model.
The wall temperature of the metal is estimated using the film cooling equation,
with a typical film cooling efficiency value of 0.45. Variations in film cooling
efficiency will alter the wall temperature of the metal, thereby affecting the heat

flow rate. To assess the impact of potential errors in selecting the film cooling
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efficiency, a variation is applied to the film cooling efficiency. Since the film
cooling efficiency of different cooling design various with each other, in this case,
small change in film cooling efficiency value from 0.4 to 0.5 is investigated. The
simulation outcome is shown in Figure 5-2. The magnitude of wall temperature
change due to variations in film cooling efficiency is influenced not only by the
efficiency value itself but also by the temperature difference between the gas and
cooling flow. In the current case, a 0.05 reduction in film cooling efficiency results
in a maximum increase of 5.556% in the combustor primary zone wall
temperature, 4.62% in the secondary zone, and 4.6% in the dilution zone. For the
turbine, the blade wall temperature increases by 3.92%. Conversely, a 0.05
increase in film cooling efficiency leads to a maximum decrease of 5.557% in the
combustor primary zone wall temperature, 4.62% in the secondary zone, and
4.61% in the dilution zone, with the turbine blade wall temperature decreasing by
3.92%. This change in wall temperature further affects the heat flow rate. A 0.05
reduction in film cooling efficiency results in a maximum increase of 7% in
combustor heat flow rate and 7.5% in turbine heat flow rate. Conversely, a 0.05
increase in film cooling efficiency reduces the maximum combustor heat flow rate
by 7.7% and the turbine heat flow rate by 7.5%.
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Figure 5-2 Sensitivity analysis of film cooling efficiency on heat flow rate

The thermal barrier coating thickness applied in combustor is assumed to be a
typical value of 500 um. The thickness of thermal barrier coating can vary widely
based on the specific design. In our case, a small range from -10% to 10% is
added to thermal barrier coating to evaluate the affect from potential error caused
by the thickness of thermal barrier coating. The simulation outcome is shown in

Figure 5-3. It was found that 10% increase in thermal barrier coating will lead to
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4.08% decrease combustor heat flow rate. And 10% decrease in thermal barrier

coating will lead to 4.46% increase combustor heat flow rate.
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Figure 5-3 Sensitivity analysis of TBC thickness on heat flow rate

The luminosity factor is chosen as a typical value for each combustor zone based
on other researcher’s finding. For primary zone, the luminosity factor is assumed
to be 4. For secondary zone, the luminosity factor is assumed to be 3. For dilution
zone, the luminosity factor is assumed to be 2. Cause the luminosity factor value
is highly dependent on the combustor design, in our case, a small range from -
10% to 10% is added to the luminosity factor to evaluate the effect from potential
error caused by luminosity factor setting. Simulation outcome is shown in Figure
5-4. For primary zone, the 10% increase in luminosity factor leads to 4.88%
increase in emissivity of gas. The 10% decrease in luminosity factor leads to
5.46% decrease in emissivity of gas. For secondary zone, the 10% increase in
luminosity factor leads to 7.83% increase in emissivity of gas. The 10% decrease
in luminosity factor leads to 8.44% decrease in emissivity of gas. For primary
zone, the 10% increase in luminosity factor leads to 8.09% increase in emissivity
of gas. The 10% decrease in luminosity factor leads to 8.42% decrease in
emissivity of gas. However, when compare the combustor heat flow rate, 0.44%
increase in heat flow rate was found when luminosity factor increased by 10%
and 0.47% decrease in heat flow rate was found when luminosity factor

decreased by 10%. This is because the heat flow rate caused by radiation is far
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smaller than what caused by convention. So small change in radiative heat flow

rate will not have a huge impact on the total heat flow rate.
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Figure 5-4 Sensitivity analysis of luminosity factor on heat flow rate

During radiative heat transfer calculation, the value of emissivity of the wall is
assumed to be 0.7, which is based on Nimonic material. However, for stainless
material, the value of emissivity of the wall is about 0.8. To evaluate the affect

from potential error caused by the choice of emissivity of the wall value, the
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current value is changed with the range of 0.6 to 0.8. Based on the investigation,
0.1 increase in the value of emissivity of the wall will lead to 0.26% increase in
burner heat flow and 0.1 decrease in the value of emissivity of the wall will lead

to 0.27% decrease in burner heat flow rate.

The effect of each assumption on heat transfer coefficient, emissivity of the gas,

heat flow rate in compressor, combustor, and turbine is summarized in Table 5-1.

Table 5-1 Sensitivity analysis: impact of assumed variables on estimation

outcome
VARIABLE h £g Qcompre  Ycombustor  Qturbine
u IS N/A . A .
Neooting | N/A N/A N/A PN *
Thrge | NIA N/A N/A A N/A
L N/A . N/A - N/A
&, N/A N/A N/A - N/A

NB: — Blow 1%, A 1-5%, € 5-10%, e over 10%

U Dynamic viscosity, Factor range 0.9-1.1

Necooling Cooling efficiency, Value Range 0.4-0.5

Thrge Thickness of thermal barrier coating, Factor range 0.9-1.1
L Luminosity factor, Factor range 0.9-1.1

Ew Emissivity of the wall, Value range 0.6-0.8
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5.2 Quantifying Combustor Temperature Distribution and
Cooling Technologies Effect on Heat Flow Rate and Transient
Performance

As described in Section, the combustor temperature distribution, cooling
technologies like film cooling, internal cooling and thermal barrier coating are not
considered by other researchers during heat soakage analysis. In order to
analysis the effect coming from the consideration of combustor temperature
distribution, cooling technologies like film cooling, internal cooling and thermal
barrier coating, a case study is investigated. Models with the combination of
mentioned combustor temperature profile and cooling technologies are
compared each other to quantify their impact on heat flow rate estimation and
further effect on gas turbine transient performance. Here, the combustor is
selected as the investigation object because it include all the features mentioned

above.

5.2.1 Effect of combustor temperature profile and cooling
technologies on combustor heat flow rate

The simulation and comparison of the combustor temperature profile and
different cooling technologies are investigated. The heat flow rate estimations of

the combustor are estimated using six combinations:
Combination 1: LPM based model;

Combination 2: Quasi-2D thermal network based model; No cooling

technologies; Considering combustor temperature profile (CTD);

Combination 3: Quasi-2D thermal network based model; Only consider internal

cooling (IC); Considering combustor temperature profile;

Combination 4: Quasi-2D thermal network based model; Considering internal

cooling and TBC; Considering combustor temperature profile;

Combination 5: Quasi-2D thermal network based model; Considering internal

cooling and Film Cooling (FC); Considering combustor temperature profile;
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Combination 6: Quasi-2D thermal network based model; Considering internal

cooling, Film Cooling, and TBC; Considering combustor temperature profile.

The gas turbine model and transient fuel flow is kept the same as what discussed
in Section 4.4. The estimated heat flow rate values based on these models are
illustrated in Figure 5-5. A noticeable increase in heat flow rate is observed when
comparing the results of the combination 1 and combination 2. During the
acceleration, the combination 2’s peak heat flow rate value is approximately four
times that of Model 1. This significant increase in heat flow rate can be attributed
to the high temperatures in the primary and secondary zones, leading to a larger
temperature difference and subsequent heat flow rate. By implementing the
internal cooling, the heat flow rate of combination 3 is 14% lower than
combination 2. An additional reduction of 9% heat flow rate is found when adding
TBC (combination 4). Implementing film cooling and internal cooling technology
proves to be highly effective in reducing the heat flow rate. With a cooling
efficiency set at 0.45 and the cooling temperature based on the combustor's inlet
temperature, the simulation shows a 40% decrease in peak heat flow rate
compared to combination 1. However, the heat flow rate is still 2.3 times higher
than that of the combination 1. The application of TBC also contributes to
reducing the heat flow rate (as shown in combination 6), owing to its low thermal
conductivity. It is important to note that TBC also slows down the heat transfer
process and results in a smaller temperature gradient. When film cooling, internal
cooling and TBC are combined, a further reduction in heat flow rate is observed
(48.97%). Nevertheless, the heat flow rate is still twice as high as that of
combination 1. Based on these findings, it becomes evident that considering the
combustor temperature profile and incorporating cooling technologies are crucial
aspects in heat soakage analysis. Neglecting these factors may lead to
inaccurate assessments of heat soakage within the gas turbine components.
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Figure 5-5 Combustor temperature profile distribution and film cooling effect on

heat transfer process

5.2.2 Heat flow rate variation effect on gas turbine transient
performance

The effect of different combination of combustor temperature distribution, film
cooling, internal cooling and thermal barrier coating on combustor heat flow rate
is discussed in Section 5.2.1. The further impact of change in combustor heat

flow rate on gas turbine transient performance is investigated here.

The combustor outlet temperature during transient manoeuvre based on different
combination discussed in Section 5.2.1 is shown in Figure 5-6. The change in
heat flow rate will have a direct impact on the combustor outlet temperature. The
higher the heat flow rate, the higher the heat loss caused by heat soakage and
the higher in temperature reduction. For combination 2, which only consider the
combustor temperature distribution, the heat flow rate is about 4 times of what
based on 0D lumped parameter method. The maximum combustor temperature

is reduced by 31 K. However, for combination 6, which consider the temperature
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distribution, film cooling, internal cooling, and thermal barrier coating, the

reduction in maximum combustor outlet temperature is 10 K.
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Figure 5-6 Heat flow rate change effect on combustor outlet temperature

The comparisons of transient performance based on different combination
discussed in Section 5.2.1 is shown in Figure 5-7 (a) to (d). Shaft corrected
rotational speed, thrust, mass flow, and compressor pressure ratio are

investigated.

The corrected rotational speed is shown in Figure 5-7 (a). Based on the corrected
rotational speed change rate, the difference in combustor heat flow rate will lead
to a different magnitude of delay in shaft response. If we assume gas turbine
reach its full working condition when corrected rotational speed reaches 0.995,
the time for each combination model varies with each other. For the base line
model (combination 1), the time needed is 4.9 seconds. For combination 2, the
time to reach full working condition takes 11.1 seconds, which increase the
acceleration time by 126%. For combination 6, the time to reach full working
condition takes 7.35 seconds, which increase the acceleration time by 50%. The
gas turbine thrust is shown in Figure 5-7 (a). Based on the thrust change rate,
the difference in combustor heat flow rate will also lead to a different magnitude
of delay in thrust response. At simulation time 4.9 seconds, the gas turbine model
based on baseline heat soakage model is assumed to reach the full working
condition. The thrust level is 26.378 kN. For combination 2, the thrust level at 4.9

second is 25.965 kN, which is 1.56% lower than baseline condition. For
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combination 6, the thrust level at 4.9 second is 26.236 kN, which is 0.53% lower
than baseline condition. The gas turbine mass flow is shown in Figure 5-7 (c).
Based on the comparison with baseline model, the mass flow rate based on
combination 2 is 1% lower at 4.9 second. The compressor pressure ratio is shown
in Figure 5-7 (d). The pressure ratio of combination 2 is 1.2% lower than based

line condition at 4.9 second.
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Figure 5-7 Heat flow change effect on gas turbine transient performance

Based on the discussion, it can be found that the consideration of combustor
temperature distribution, film cooling, internal cooling and thermal barrier coating
is important during the heat soakage effect investigation because they will change
the combustor heat flow rate significantly and further effect the gas turbine
transient performance. Change in heat flow rate in combustor will lead to a

different magnitude of delay in gas turbine response. Compared with the



conventional heat soakage mode, the proposed heat soakage model can
estimate the heat flow rate in combustor during engine transients in a more
realistic way. By incorporating the combustor temperature profile and cooling
technologies, a more accurate representation of the heat transfer process is
achieved, resulting in a notable variation in heat flow rate estimation. The
observed disparities in gas turbine transient performance emphasize the
significance of including these features in contemporary heat soakage models.
The novel heat soakage model offers an improved understanding of heat transfer

dynamics and its impact on engine performance during transients.

5.3 Heat Soakage and Tip Clearance Effect on Gas Turbine
Transient Performance

In order to evaluate the heat soakage and tip clearance effect on gas turbine
transient performance, one case study is investigated based on the gas turbine
model with similar performance as the CFM 56-7B turbofan engine. In this
section, the gas turbine engine model, geometry identification outcome, heat
soakage effect and tip clearance change effect on gas turbine transient

performance will be discussed.

5.3.1 Gas Turbine Engine Model and Design Point Parameters

To have a better understanding of the heat soakage effect and tip clearance
change effect on gas turbine transient performance, advanced civil aircraft engine
is selected as the investigation target. A gas turbine engine model with the same
architecture as CFM 56-7B is developed. The cross section of CFM 56-7B is
shown in Figure 5-8. The engine is a two-spool turbofan engine with a single
stage fan, 3-stage booster, 9-stage high pressure compressor, single stage high
pressure turbine and a 4-stage low pressure turbine. The combustor is an annular

combustor.
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Figure 5-8 Cross section of CFM 56-7B turbofan engine [166]

Table 5-2 Design point data for the two-spool turbofan engine

The design point data for the established two spool turbofan engine model is
listed in Table 5-2.

Parameters Value
Bypass Ratio 5.1
Corrected Mass Flow (kg/s) 680
Fan Pressure Ratio 1.7
Fan Efficiency (%) 88.5
Booster Pressure Ratio 1.794
Booster Efficiency (%) 0.87
Compressor - Pressure Ratio 10.155
Compressor Efficiency (%) 0.87
Combustor Outlet Temperature (K) 1498
Combustor Efficiency (%) 99.9
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Combustor Pressure Loss (%) 5
HPT Efficiency (%) 92

LPT Efficiency (%) 91

5.3.2 Engine Transient manoeuvre Parameter

The transient simulation of the two-spool turbofan engine is considered. For
control purposes, the fuel schedule was set as a function of time, and the internal
component volume method is used. For the rotor moment of inertia and the
internal component volume, they are listed in Table 5-3. The transient manoeuvre
is selected as an acceleration manoeuvre. It takes 2s to reach design point (HP
PCN = 1) fuel flow form 1kg/s, and the total transient time is set as 150s. The fuel

flow schedule is shown in Figure 5-9.

Table 5-3 Rotor moment of inertia and the internal component volume parameter

Parameters Value
High Pressure Spool Moment of Inertia (kg*m”2) 12.5
Low Pressure Spool Moment of Inertia (kg*m”2) 146.8
Fan Volume (m"3) 1.5
Booster Volume (m”3) 0.1
High Pressure Compressor Volume (m"3) 0.5
Combustor Volume (m"3) 0.05
High Pressure Turbine Volume (m”"3) 0.1
Low Pressure Turbine Volume (m”3) 0.15
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Figure 5-9 Fuel flow schedule for the two spool turbofan engine

5.3.3 Geometry ldentification of the Aircraft Engine Model

Based on the geometry identification model developed above, the design point
gas turbine component parameters and the geometry data are used as the input.

The outcome of the geometry of each component is shown in Figure 5-10.

Component Structure
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Figure 5-10 Component flow path geometry outcome

The wetted area and mass for each component parts are shown in Table 5-4,
where the R and S represent the rotor and stator. For the stator of compressor

and turbine, the disc mass and wetted area are set as 0.
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Table 5-4 Component mass and wetted area outcome

Fan R1 S1

Blade Mass 424.19 262.85

Blade Area 18.84 15.04

Casing Mass 93.32 72.41

Casing Area 2.33 1.81

Disc Mass 461.77

Disc Area 0.93

Booster R1 S1 R2 S2 R3 S3

Blade Mass 18.31 15.733 13.89 11.99 10.62 9.34

Blade Area 1.46 1.347 1.276 1.173 1.11 1.03

Casing Mass 10.85 10.03 9.24 8.599 7.969 7.44

Casing Area 0.27 0.25 0.23 0.214 0.199 0.186

Disc Mass 66.59 58.063 51.025

Disc Area 0.222 0.193 0.17

HPC R1 S1 R2 S2 R3 S3 R4 S4 R5 S5

Blade Mass 17.7 14.11 11.29 9.093 7.452 6.139 5.069 4.254 3.57 3.017
Blade Area 1.375 1.21 1.089 0.964 0.877 0.788 0.716 0.652 0.599 0.546
Casing Mass 7.049 6.1739 5.36 | 4.7624 4.199 3.77 3.37 3.059 2.76 2.525
Casing Area 0.176 0.1543 0.134 0.119 0.1049 | 0.09437 0.0842 | 0.07648 0.06901 0.06314
Disc Mass 52.58 42.35 34.716 28.89 24.36

Disc Area 0.124 0.1 0.0824 0.0686 0.0578

HPC R6 S6 R7 S7 R8 S8 R9 S9

Blade Mass 2.573 2.202 1.902 | 1.6468 1.4273 | 1.2484 1.092 0.9588
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Blade Area 0.506 0.465 0.434 0.402 0.374 0.349 0.327 0.305
Casing Mass 2.298 2.118 1.942 1.799 1.66 1.547 1.435 1.343
Casing Area 0.05747 | 0.05295 | 0.04855 | 0.04499 0.0415 | 0.0386 0.03588 | 0.03357
Disc Mass 20.77 17.89 15.55 13.63

Disc Area 0.04933 0.04249 0.03694 0.03236

Combustor

Mass 62.19

Area 1.55

HPT S1 R1

Blade Mass 12.52 21.1

Blade Area 1.231 2.075

Casing Mass 19.079 21.407

Casing Area 0.2384 0.2675

Disc Mass 256.83

Disc Area 0.187

LPT S1 R1 S2 R2 S3 R3 S4 R4

Blade Mass 12.08 14.144 16.428 19.36 22.948 | 27.5648 33.31 40.73
Blade Area 1.473 1.7252 2.0038 2.361 2.799 3.362 4.06 4.968
Casing Mass 15.835 16.36 16.994 17.72 18.61 19.64 20.907 22.39
Casing Area 0.1979 0.2045 0.212 0.221 0.232 | 0.2455 0.2613 0.2799
Disc Mass 98.977 98.977 98.977 98.977
Disc Area 0.1506 0.1506 0.1506 0.1506
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5.3.4 Heat Flow Rate and Tip Clearance Change

Based on the fuel flow schedule described in Figure 5-9, the transient simulation
has been investigated. The heat flow rate in each component are shown in Figure
5-11. It can be found that the highest heat flow occurs in the LPT. This is due to
the relative high temperature and the high component mass and wetted area.
Although combustor and HPT experiences the highest temperature, the
combustor's mass and wetted area is small and there is only one stage in HPT.
Also, the cooling technologies applied to combustor and HPT reduce the heat
flow rate. Which further decrease the heat flow. For the fan, booster and HPC,
their heat flow rate is small is due to the low temperature. The fan’s heat flow is
even higher than the booster’s heat flow. This is due to the extremely high mass

and wetted area in Fan blade.
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Figure 5-11 Heat flow rate in several components

The root means square tip clearance change and efficiency scalar for each
component are shown in (a) to (e). The detailed tip clearance changes for every

stages are listed in 7.8Appendix E.

The fan tip clearance change is shown in Figure 5-12 (a) and (b). it can be found
that the initial tip clearance is higher than 1%. This is because the fan tip
clearance is dominated by the fan blade length. At the beginning of transient, the

blade mechanical displacement is lower than the datum condition due to low
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rotational speed, leading to an increase in tip clearance and a decrease in fan
efficiency. When engine accelerating, the rotational speed increases and the
mechanical displacement of fan respond quick, leading to a fast decrease in tip
clearance. In the fan, the stage 2 and stage 3 of tip clearance change is not
obvious cause the heat transfer process is low in fan. It is mainly affected by the

mechanical displacement coming from change in rotational speed.
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Figure 5-12 Fan tip clearance change and efficiency change

The booster tip clearance change is shown in Figure 5-13 (a) and (b). It can be
found the initial tip clearance is still higher than 1%. Different from the fan, the
first stage of booster is dominated by the mechanical displacement of the disc
cause the blade length is relative shorter. Compared with the fan, booster will
have a clearer stage 2 and stage 3. In stage 2, the thermal displacement of casing
will dominant. For stage 3, the disc thermal displacement will dominant. However,
due to the long disc radius, the conductive heat transfer in disc is slow and after
150s it has not reach the equilibrium condition.
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(a) (b)
Figure 5-13 Booster tip clearance change and efficiency change

The HPC tip clearance change is shown in Figure 5-14 (a) to (b). It can be found
that the initial tip clearance is smaller than 1%. This is due to that the casing
thermal displacement dominant the initial condition. Because in HPC, blade
length is short, and disc radius is small, the mechanical displacements of blade
and disc are small. However, the thermal resistant in casing is smaller than disc
so casing will have a more sensitive response to temperature change. So, in the
beginning, the thermal displacement of casing is greater, especially in the rare
stage of HPC. That is the reason why initial tip clearance is smaller than 1%.
During the acceleration, the change in stage 1 is small due to smaller change in
mechanical displacement. Stage 2 is large due to the dominant of casing thermal

expansion.
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Figure 5-14 HPC tip clearance change and efficiency change

The HPT and LPT tip clearance change is shown in Figure 5-15 (a) to (d). For
the HPT a standard change in tip clearance can be observed. However, stage 3
for LPT is not observed. This is due to the slow casing thermal displacement. The
temperature in LPT is lower than that in HPT, leading to a slower heat transfer.
At 150s, the casing reach its equilibrium condition. That’s why stage 3 is not found
in this transient manoeuvre.
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Figure 5-15 HPT and LPT tip clearance change and efficiency change

5.3.5 Heat Soakage and Tip Clearance Change Effect on Transient
Performance

Based on the estimated heat transfer rate and tip clearance change, the transient
performance of the gas turbine engine is investigated. Three models are
considered: the transient manoeuvre without heat soakage and tip clearance
change effect, the transient manoeuvre with heat soakage effect, and the

transient manoeuvre with heat soakage and tip clearance change effect.

The low and high pressure spools’ corrected rotational speed are compared with
each other first, as shown in Figure 5-16. The blue line represents the corrected
rotational speed change without heat transfer effect. The yellow line represents
the corrected rotational speed change with heat soakage effect. The orange line
represents the corrected rotational speed change with heat soakage and tip

clearance change effect. From the yellow line and blue line in Figure 5-16, it can
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be found that heat soakage causes a delay in LP spool CN change rate. This is
due to the heat loss during the acceleration. However, the HP spool CN is higher
than the original one. This is caused by the temperature drop at the inlet of HPC.
When considering the tip clearance change effect, a different trend will be found.
in the first 20 seconds, the LP and HP spools’ CN are higher than the original
one. This is caused by the change in component efficiency. As shown in Section
5.3.4, the tip clearance will experience a reduction stage in the beginning due to
the mechanical displacement. An increase in component efficiency is found.
Since the fuel schedule is kept the constant, the surplus power of each spool will
increase and lead to an increase in CN change rate. However, when tip clearance
moves into stage 2 and 3, the efficiency of component decrease to a lower value
than design point condition, and the CN will come into a value lower than the
design point condition. In this case, a maximum 0.11% increase in CN is found in
LP spool in the initial 20s. and a -0.256% decrease is found after 20s transient
simulation. For the HP CN, CN increases by 1.36% in initial 20s, and decreases
-0.4% after 20s.
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Figure 5-16 Spool corrected rotational speed change

The heat soakage and tip clearance change effects on turbofan thrust and SFC
are shown in Figure 5-17. When only consider the heat soakage effect on gas
turbine transient performance, the maximum difference between the original
transient and heat soakage effect is -2.37%. When considering the tip clearance
effect, the thrust difference is reduced to 1.81% in the initial 20s. However, the

thrust was decreased by 0.67% after 60s. The SFC is affected by the change in
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thrust when the fuel flow is kept the same. In the beginning of the acceleration,
an increase in SFC is found due to the decrease in thrust. After 60s, the SFC of

TC& HS will be higher caused the decrease in thrust.
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Figure 5-17 Engine thrust and SFC change

Except the gas turbine performance. It can be found that tip clearance change
will affect the engine performance longer than the heat soakage effect. In this
case study, the heat soakage effect is negligible after 40s. However, the tip
clearance effect last to the end of the transient manoeuvre. This reveals the
importance of considering heat soakage and tip clearance effect during the gas

turbine transient simulation.

5.4 Map Modification Case Study

The proposed compressor map modification model has been applied to the high-
pressure compressor with similar parameter as NASA Energy Efficiency Engine
(E3). In this section, the mean line model outcome, heat transfer effect on

compressor map, and numerical correlations will be discussed.

5.4.1 Mean Line Model Outcome

The targeted compressor is a 10-stage compressor with the pressure ratio of 25
under 100% rotational speed. The design point of the compressor is selected at
the maximum climb condition, and the inlet total temperature and the inlet total
pressure of the compressor is 304.4K and 59641.8Pa respectively. The detailed
compressor design point information is listed in Table 5-5. Moreover, the variable
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inlet guide vane and stator is applied to the mean line model based on the
schedule in Figure 5-18. The mean line model simulation outcome is shown in
Figure 5-19, where the red line represents the NASA experiment data and blue
dashed line represents the mean line model outcome. It can be found that the
mean line model has a good agreement with the NASA experiment data. The
maximum difference in mass flow occurred under 95% speed line and the
difference is 3%. Based on this finding, the mean line model is good enough for

our further research.

Table 5-5 Parameters of NASA E3 Engine High Pressure Compressor

Parameter Value
Design Point Pressure Ratio 25
Number of Stage 10
Rotational Speed (rpm) 12303
Corrected Mass Flow (kg/s) 54.4
Inlet Total Temperature (K) 304.4
Inlet Total Pressure (Pa) 59641.8
Isentropic Efficiency (%) 85.7

IGV and Stator Schedule

Stator Vane Setting Angle (°)
(=}

40 45 50 55 60 65 70 75 80 85 90 95 00 105
Corrected Speed (%)

—_—IGV Stator 1 Stator 2 Stator 3 Stator 4 Stator 5
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Figure 5-18 E3 Engine HPC IGV and Stator Schedule
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Figure 5-19 E3 Engine HPC Mean Line Model Outcome

5.4.2 NASA E3 HPC Map Midification

In order to capture the distribution of the normalized heat transfer rate, a transient
simulation with the thermal network described in 3.3.2 is launched first. The time
averaged g* in each station is shown in Figure 5-20. It can be found that the g*
distribution is not average among stages, which is different from Shah and Kiss’s
assumption. The front stage will have a higher heat transfer process due to its
high metal mass and wetted area compared with rear stages. Also, the rotor g*

will be higher than stator g*. It is because the rotor has the disc part, which will
increase the heat transfer.
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g* Distribution in 10 Stage Compressor
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Figure 5-20 Normalized heat transfer rate distribution in the compressor mean

line model

With the normalized heat transfer rate distribution, the movement of each speed
line under various total g* were studied, as shown Figure 5-21. When g* is lower
than zero, heat was extracted from the gas path fluid. the speed line moves to
higher corrected flows due to mis-matching. The speed line also shifts to higher
pressure ratios due to the decreased loss and reduction in flow turning from

decreased deviation. The opposite effect occurs when g* is higher than zero.

Heat Transfer Effect on Speed Line

Pressure Ratio

39 395 40 40.5 41 415 42 425
Corrected Mass Flow

——MLC Adiabatic q*=0 q*<0

Figure 5-21 Heat Transfer Effect on Speed Line
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Since the movement of the speed line is estimated, the change in pressure ratio
and corrected mass flow can be calculated by using the scaling factor idea
described in Section 3.5.3. The scaling factor outcome for corrected mass flow
and pressure ratio under different g* are shown in Figure 5-22. Although the
pressure ratio scaling factor for 100% and 95% speed lines are not smooth, a
liner relation between the nondimensional heat flow rate and mass flow and
pressure ratio scaling factor is found. Besides, with the reduction in rotational
speed, the slope of each scaling factor line is reducing. The reason why pressure
ratio scaling factor for 100% and 95% speed lines are not smooth is caused by
the convergence of the mean line code. When compressor enter the choking area
at high rotational speed, a very small change in mass flow rate will lead to a great
change in pressure ratio. Since the mean line code was applied during the
investigation, the accuracy of mean line code might cause the non-smooth
outcome. Moreover, when the speed line reduced, the relative Mach number
through the compressor is reduced, which lead to a smaller deviation angle
change and pressure loss. Under the same nondimensional heat flow rate, the
change in mass flow and pressure ratio at low rotational speed line will be smaller
than what at high rotational speed line. This explains the reduction in the slope of

each scaling factor line when speed line reduced.
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Figure 5-22 Scaling factor for mass flow and pressure ratio under various g*

After capturing the slope of each scaling factor line, an exponential relationship
between scaling factor and CN are found based on Figure 5-23. The blue dots

represent the slope for different CN and the orange line is the fitted curve.
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Figure 5-23 Relation between slope of scaling factor lines and rotational speed

The raised numerical correlation between the g* and SF is shown by Eqgs. (5-1)
and (5-2):

= {(—0.00029 - eB0S9LCN) L g* 41 (g" = 0) (5-1)
PR 1(—0.00055 - e72863CN) . g* + 1 (" < 0)

P {(—0.00048 @763 Ny . g* 11 (" = 0) (5-2)
M1 (-0.00052 - 7138 CN) . g* + 1 (g" < 0)

5.4.3 Transient Performance Comparison

The developed component map modification method has been integrated into
Turbomatch to provide further insight into the map modification effect on gas

turbine transient performance.

5.4.3.1 Engine Structure and Design Point Parameters

A two-spool turbofan engine model similar to NASA E3 engine was developed in
TM. The structure of the gas turbine engine is shown in Figure 5-24. The specific

engine data and performance parameters are listed in Table 5-6.
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Figure 5-24 Schematic of the two-spool turbofan engine

Table 5-6 two spool turbofan engine parameters (ISA+10, 10668m, 0.8 Mach)

Parameters \Value
Net Thrust (Uninstalled) (kN) 40.211
TSFC (Uninstalled) (g/kN/s) 15.0278
Bypass Ratio 6.7
Overall Pressure Ratio 38.4
Corrected Mass Flow (kg/s) 646
Fan - Duct - Pressure Ratio 1.68
Fan - Core - Pressure Ratio 1.7
Fan - Duct - Efficiency (%) 38.8
Fan - Core - Efficiency (%) 90.5
Fan - Duct - Pressure Loss (%) 1.7
Fan - Core - Pressure Loss (%) 1.4
Compressor Inlet Temperature (K) 304.8
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Compressor Inlet Pressure (N/m”2 or kPa) (60469
Compressor Corrected Inlet Mass Flow (kg/s)[54.4
Compressor - Pressure Ratio 23.1
Compressor — Isentropic Efficiency (%) 0.86
CPD Nonchargeable Cooling (%0W25) 16.15
Combustor Efficiency (%) 99.9
Combustor Pressure Loss (%) 5
HPT Efficiency (%) 92.7
LPT Efficiency (%) 02.7

5.4.3.2 Engine Transient manoeuvre Parameters

The transient simulation of the two-spool turbofan engine is considered. For
control purposes, the fuel schedule was set as a function of time, and the internal
component volume method is used. Additionally, component performance maps
are captured from NASA report. The transient manoeuvre is selected as the hot
reslam or Bodie manoeuvre. The engine the engine is held at full power condition
in the beginning, a slam deceleration to approach condition is followed by a
reslam back to full power. The fuel schedule is illustrated in Figure 5-25. The

entire transient manoeuvre lasts for 30 seconds.
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Figure 5-25 Transient Fuel Schedule for Two Spool Turbofan Engine Transient

Performance

5.4.3.3 Engine Transient Performance with and without map modification

Based on the two-spool turbofan engine model and transient fuel flow schedule,
the transient simulation with and without map modification are simulated. The
change of non-dimensional heat transfer rate is illustrated in Figure 5-26. During
the slam deceleration, the metal temperature drop rate is lower than the fluid
temperature drop rate. This led to a heat transfer from the hot metal to the cold
fluid and causing a heating effect. During the reslam acceleration, the
temperature of the fluid rise quickly and the temperature difference between the
metal and fluid drops. This led to a decrease in the heat transfer rate. After engine
reach the full power condition, the metal temperature is lower than the fluid
temperature and cause a negative value on the heat transfer rate. The high-
pressure compressor working lines with and without map modification were
compared with each other and is shown in Figure 5-27. At the end of deceleration,
the working point moves toward left. During the re-accelerating, the working line
shifts and cause a reduction in surge margin. When engine reach the full power
condition, the working point moves right. In this case, the pressure ratio and

corrected mass flow were reduced by 0.7% and 0.9% at the end of deceleration
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due to the map modification effect. The surge margin was reduced by 4% during
the reacceleration. When engine reach the full power condition, the pressure ratio

and corrected mass flow were increased by 0.4% and 0.5%.

q* vs time
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0.02
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Figure 5-26 Non-dimensional heat transfer rate during transient manoeuvre
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Figure 5-27 High pressure compressor working line comparison

In Kiss’s investigation, the reduction in stall margin was around 8%. Compared
with this research, the surge margin is smaller than Kiss’s finding. One possible
reason is the selection of the transient manoeuvre. In current case study, the

change in CN is from 90% to 100%. The range is smaller than Kiss’s
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investigation, which is from 78% to 100%. However, the case study still captures
the phenomena caused by the map changing during the transient manoeuvre.
The change in pressure ratio, corrected mass flow and surge margin might be

bigger in a more sever transient manoeuvre.
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6 Conclusion

The development of a comprehensive heat transfer effect model for gas turbine
transient performance modification as well as investigation of heat transfer effect

on gas turbine transient performance has been presented here.

The developed heat transfer effect model includes 4 major parts. The first is the
component geometry identification model, which provides a preliminary design
for the compressor, combustor, and turbine, estimating component geometry,
metal mass, and wetted area for each blade, casing, disc, and flame tube. The
second part is the heat soakage model, which establishes a quasi-2D thermal
network based on the geometry identification model's output and estimates the
heat flow rate between the main gas and component metal. The third component
is the tip clearance model, which predicts the movement of each compressor and
turbine stage and adjusts component efficiency accordingly. Finally, the
compressor map modification model predicts the movement of the compressor
speed line using a non-adiabatic mean line model. Numerical correlations are
derived to modify the adiabatic compressor map into a non-adiabatic one using
map scaling. Together, these parts enable a systematic analysis of the heat

transfer effect on gas turbine transient performance.

During the establishment of heat transfer model, a novel quasi-2D thermal
network based heat soakage model and a novel compressor map modification
model are developed. The heat soakage model accounts for combustor
temperature distribution, film cooling, internal cooling, and thermal barrier
coatings. By incorporating these features, the developed heat soakage model
improves the current state-of-the-art work by making the heat transfer process
more closely resemble real-world conditions. For the compressor map
modification model, a new model is introduced. The investigation revealed a
linear relationship between the movement of the compressor speed line and the
non-dimensional heat flow rate. Further, by applying the concept of a scaling
factor, an exponential relationship was identified between the pressure ratio
scaling factor, the mass flow scaling factor, and the slope of the linear relationship

between the compressor speed line movement and the non-dimensional heat
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flow rate. These findings allow the changes in the compressor to be represented
as a function of the scaling factor and non-dimensional heat flow rate. This
method improves the flexibility of the current state-of-the-art compressor map

modification models while maintaining accuracy.

The developed heat transfer model has been successfully integrated to
Turbomatch, which improves Turbomatch's capability on simulating heat transfer

effect on gas turbine performance during transient manoeuvre.

To evaluate the accuracy of the proposed model, comparisons are made using
data from public domain, simulation software, and experimental results. For the
component geometry identification model, the simulation outcomes are first
compared with actual compressor geometry. Due to limitations in compressor
configuration, the maximum difference in stage radius can reach up to 10%. In
the absence of detailed data on mass and wetted area, the proposed model is
further compared with simulation results from GasTurb using the same input data,
with a maximum difference of within 5%. For the heat soakage model, validation
is performed against GasTurb simulation results due to a lack of public domain
validation materials. The boundary conditions of the proposed heat soakage
model are controlled to ensure consistency in the heat transfer process. The
maximum difference in heat flow rate is within 8%, and the maximum difference
in gas turbine transient performance is within 2.5%. The tip clearance model is
compared with publicly available data, showing a consistent trend in tip clearance
movement. For the compressor map modification model, the simulated adiabatic
and non-adiabatic compressor maps are compared with NASA experimental data

and a high-fidelity model, with differences within 6%.

Since the proposed heat soakage model is simplified during validation, a
sensitivity analysis is performed to examine the effect of small changes in
assumptions on the estimated outcomes. The simulation time for initial
temperature identification does not impact the estimated heat flow rate in the
compressor, combustor, and turbine. A 10% change in dynamic viscosity results
in approximately an 8% change in the heat transfer coefficient, about a 7%

change in compressor and turbine heat flow rates, and around a 4% change in
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combustor heat flow rate. A 10% change in cooling efficiency leads to
approximately a 5% change in wall temperature and about a 7% change in both
combustor and turbine heat flow rates. A 10% change in the luminosity factor
results in approximately an 8% change in the emissivity of the gas and a 0.5%
change in combustor heat flow rate, affecting convective heat transfer within the
combustor. Finally, a 10% change in the emissivity of the wall leads to an

approximate 0.45% change in combustor heat flow rate.

Based on the proposed heat transfer model, three case studies have been done

to investigate the heat transfer effect on gas turbine transient model.

The first case study consist of the comparison between the proposed novel quasi-
2D thermal network with the traditional LPM. It is found that:

1. The combustor temperature profile model can offer a more realistic heat
flow rate estimation in the combustor. The findings revealed a significant
increase (four times that of the LPM based model) in heat flow rate within
the combustor due to the high temperature in the primary zone and
secondary zone.

2. Cooling technologies implementation effectively decreases the rate at
which heat flows. In comparison to the combustor temperature profile
model: internal cooling reduces the heat flow rate by 14%; internal cooling
and TBC reduce the heat flow by 23%; film cooling and internal cooling
reduces the heat flow rate by 40%; film cooling, internal cooling and TBC
reduces it by 48.97%. However, even with these measures, the heat flow
rate remains twice as high as the LPM model.

3. The proposed heat soakage model provided a more realistic estimation of
heat soakage effect, further reducing the gas turbine's transient response.
During the acceleration process, the acceleration time increases by 126%
when combustor temperature profile is applied. The outcome reveals the
importance of considering combustor temperature profile, film cooling and

TBC in heat soakage analysis.

The second case study is related to the heat soakage and tip clearance change
effect on a 2-spool turbofan engine.
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1. Compared with the heat soakage effect, the tip clearance change effect
will last longer. In the current case, the heat soakage effect lasts for 60
seconds. However, for the tip clearance, it lasts for more than 150s.

2. During the acceleration manoeuvre, the corrected rotational speed change
trend of spools will be different between the transient with consideration of
heat soakage effect and the transient with consideration of heat soakage
and tip clearance. In initial 20 seconds, the spools’ acceleration rate of the
simulation with tip clearance change will be faster due to the decrease in
tip clearance and increase in component efficiency. However, after 40
seconds, the spools’ CN will lower than design point due to increase in tip
clearance and decrease in efficiency.

3. Heat soakage effect leads to a maximum 2.37% decrease in engine thrust
during the transient manoeuvre. When considering both heat soakage and
tip clearance, the thrust is increased by maximum 1.81% in initial 20

seconds and decreased by maximum 0.67%atfter 60 seconds.

The third case study is related to the compressor map change based on a modern
10 stage compressor model that has the similar performance with the HPC of
NASA E3 engine. It is found that:

1. Heat transfer will affect the compressor speed line. When heat is added to
the main gas path fluid, the speed line will move toward lower corrected
flow due to the miss match and blockage effect. The opposite effect occurs
when heat is extracted from the fluid.

2. Based on the idea of scaling factor, the relation between the scaling factor
of pressure ratio and corrected mass flow and the non-dimensional heat
transfer rate is found. When the rotational speed is kept constant, the
scaling factor shows a linear relation with the non-dimensional heat
transfer rate. Besides, an exponential relationship between the slopes of
scaling factor lines and rotational speed is found.

3. According to the case study of a two-spool turbo fan engine, the effect of
high-pressure compressor map change on gas turbine transient
performance is investigated. During a Bodie process, the HPC pressure

ratio and corrected mass flow are decreased by 0.7% and 0.9%
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respectively during the deceleration comparing with the adiabatic process.
The HPC pressure ratio and corrected mass flow are increased by 0.4%

and 0.5% respectively during the re-acceleration.

Based on the developed heat transfer effect model, the research gaps defined in
Section 2.4 are fulfilled. The proposed model offers a comprehensive view on the
heat transfer effect on gas turbine transient performance. For researcher
developing gas turbine fuel control logic, they can take the heat transfer effect
into consideration. For the researchers in gas turbine degradation analysis and
gas turbine mechanical design, they can also benefit from the proposed model.
However, limitations exist in the proposed model. They are discussed in Section
7.
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7 Recommendation for Future Work

In this Chapter, recommendations for future work are proposed to further improve

the models.

7.1 Burner Time Constant

As described in Section 4.2.5.2 and 7.8Appendix D, Turbomatch does not
consider combustor delay during transient simulation. The combustor delay will
cause a small delay in transient response. In the sensitivity study, a 0.1 second
delay was found when setting burner time constant as 0.1. It is recommend to
added combustor delay in Turbomatch to improve the transient simulation

accuracy.

7.2 Model Validation

Due to the lack of appropriate experimental data in the public domain, the
validation of gas turbine transient performance simulation and heat flow rate
during transient maneuvers is conducted by comparing the results with simulation
data from the commercial software GasTurb. This comparison uses the same gas
turbine engine model, transient maneuvers, and heat transfer processes.
Sensitivity analysis is performed to investigate the impact of small changes in
assumptions on the predicted outcomes.

If available, comparisons with actual gas turbine experimental data would
enhance confidence in the proposed model. During the comparison, metrics such
as shaft rotational speed, mass flow rate, thrust, component outlet temperature,
and compressor pressure ratio changes can be measured and compared.
However, since heat flow rate is not a directly measurable value, validation of the
heat soakage model should be based on comparing transient simulation
outcomes with both a simplified heat soakage model and a comprehensive heat
soakage model, against available experimental data. If the results from the
comprehensive heat soakage model are closer to the experimental data than
those from the simplified model, then the proposed model can be considered

validated.
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7.3 Geometry Identification Model

For compressor and turbine geometry estimation, it is assumed the constant
stage temperature change and constant axial velocity. However, in real
compressor and turbine, the stage temperature will change for a better stage
loading and the stage inlet axial velocity will change. Moreover, the blade is
assumed as a flat plate without the setting angle. In real compressor design, the
blade will have a more complex shape with certain blade inlet and outlet angle as

well as the setting angle.

In order to have a better estimation on the compressor and turbine geometry
estimation, Falck’s method is recommended [159]. The calculation flow logic of
Falck’s method is shown in Figure 7-1. In his method, two main input parameters
must be satisfied: the total pressure ratio m, and the stage reaction R. Several
input data are required for the calculation, they are listed in Table 7-1. The main
idea of Falck’s method is to determine the flow area of each stage. Based on the
estimated flow area, calculate the local velocity triangle as well as the stage
performance. During this process, the blade inlet and outlet flow angle will be
estimated based on the minimum loss incidence and deviation angle empirical

correlation.

Table 7-1 Specific Parameters for Falck’s Method

Input Parameters

Tip clearance/Chord ratio for Each Stage

Aspect Ratio for Each Stage

Blade Maximum Thickness/Chord Ratio for Each Stage

Axial Velocity Ratio for Each Stage

Blockage Factor for Each Stage

Diffusion Factor for Each Stage
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Stage Loading Distribution

Compared with the proposed method above, Falck’s method will offer a more
realistic simulation outcome with the definition of stage parameters as described
in Table 7-1. However, it requires very detailed data which are commonly not
available from the open literature. Besides, his method is still based on the three
compressor geometries as shown in Figure 3-4, which is not the real case when

design the compressor.

STRAT

Inlet Geometry
Calculation

n = f(stage loading)

v
» R = f(Flow Inlet Angle)
v Rotor Inlet
i=1 Velocity Triangle
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Stage i :> Velocity Triangle
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Figure 7-1 Logic flow of Falck’s compressor geometry identification method

Another limitation is the constant thickness assumption of the compressor and
turbine disc. In reality, disc will have a more complicate shape. To have a better
prediction on disc mass and wetted area, a more complex disc model is
developed, as shown in Figure 7-2. 10 parameters are required to define the disc
model, including inner bore radius, outer bore radius, inner web radius, outer web
radius, inner rim radius, outer rim radius, half bore width, half inner web width,

half outer web width, and half rim width. By using this disc model, a more realistic

220



disc mass can be estimated by using Egs. (7-1). However, this model requires
too many user defined parameters. For a multistage compressor or turbine,
massive parameters are required. Thus, this is model is only used for self-
research but not integrated into Turbomatch.

R1: Inner Bore Radius
R2: Outer Bore Radius
R3: Inner Web Radius
R4: Outer Web Radius
RS5: Inner Rim Radius
R6: Outer Rim Radius
W1: ¥4 Bore Width

W2: 4 Inner Web Width
W3: V2 Outer Web Width
W4: 4 Rim Width

Figure 7-2 Parameterized disc model

. . (7-1)
My = f(Radius, Width, p;)

7.4 Combustor System Architecture

There are several limitations on the developed combustor heat soakage model.

The first limitation is related to combustor zone temperature identification, the
combustor zone temperature is based on the adiabatic condition. The heat loss
caused by mass diffusion, chemical reaction and dissociation are not considered.
During gas turbine acceleration, high temperature will occur in combustor due to
over fuelling. When temperature is over 1800K [149], dissociation will happen
and lead to heat loss. Based on the literature, the heat loss caused by
dissociation is around 7% and the heat loss caused by heat soakage is around
9% [167]. Since dissociation only happens at extreme high temperature, so the

magnitude of heat loss caused by dissociation during entire transient will be lower

221



than 7%. However, it is still recommended to consider the heat loss caused by

dissociation during temperature identification.

The second limitation concerns the configuration of the proposed combustor
model. The research utilizes a general low-fidelity combustor model based on a
conventional rich-burn combustor, which divides the combustor into primary,
secondary, and dilution zones. In this model, it is assumed that 40% of the air
enters the primary zone, 50% more air enters the secondary zone, and the
remaining 10% of air goes to the dilution zone. However, modern combustors,
such as double annular combustors, rich-burn quick-quench lean-burn
combustors, axially staged combustors, and twin annular premixing swirler
combustors, incorporate advanced technologies like fuel staging and partial
premixing. These technologies result in different temperature distributions along
the liner compared to conventional rich-burn combustors. Although the fuel-to-air
ratio in each zone can be adjusted to better approximate modern combustors, it
is advisable to develop a more accurate combustor temperature distribution
model specifically for modern lean-burn combustors. Here, the combustor liner

temperature estimation model developed by Liu et. al. is recommended [162].

The third limitation is related to the consideration of cooling technologies. In the
developed model, film cooling, internal cooling and thermal barrier coating are
considered. However, in modern combustor, more cooling technologies like
double skin, transpiration cooling and tiles are considered. In order to have a
more comprehensive view on combustor cooling, additional heat transfer models

for the motioned cooling technologies are recommended.

7.5 Heat Soakage Model Sensitivity Analysis

During the heat soakage model sensitivity analysis, the effect coming from
change in model assumption on heat flow rate estimation is investigated.
Because the applied value of film cooling efficiency, thermal barrier coating
thickness, and luminosity factor are highly depended on specific design or
working condition, the sensitivity analysis only investigate the effect from a small
change in the assumed value. A more comprehensive parametric investigation

based on specific gas turbine design is recommended.
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7.6 Heat Soakage Model

One limitation of the heat soakage model is linked with the selected geometry
model. As discussed in Section 7.3, a complex disc model is established to obtain
a more realistic mass and wetted area estimation. In order to investigate the disc
shape effect on the simulation outcome of the heat soakage model, a comparison
between the uniform disc and non-uniform disc has been conducted. The inner
radius, outer radius and total mass of the two discs are kept the same.
Subsequently, a 72-second heat-up process is simulated while controlling the
initial temperature to be the same. The final temperature distributions of the discs
are presented in Figure 7-3, where the uniform disc temperature distribution is
shown in (a), and the non-uniform disc temperature distribution is shown in (b).
The comparison of the temperature distribution is shown in Figure 7-4. The heat
flow rate of two disc is shown in Figure 7-5. It can be observed that there is no
significant difference in temperature distribution and heat flow rate when the heat-
up time is short. But the difference will be bigger when the heat up time is longer.
A potential expansion of a user-friendly disc shape definition program for each

stage disc with adjustable parameters is suggested.

0.4 900 0.4 900
035 1 035
T—— 850 F— 850
03 1B 03
4 800 1 800
= 0257 i _025r
E E
S o2} 1 750 S o2} 1750
hel i=l
© (L]
o o
015} b 015}
+ 700 H 700
01t 1 01t
650 650
0.05} 1 0.05}
0 600 0 . : . 600
01 005 0 005 01 01 005 0 005 0.1
Width (m) Width (m)
() (b)

Figure 7-3 Temperature distribution of the uniform and non-uniform disc
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7.7 Tip Clearance Movement Model

Same as the heat soakage model’s limitation discussed in Section 7.6, the
thermal and elastic displacement model for disc is derived based on the
assumption of constant thickness disc. In order to have a better estimation of the

disc radius change, the ring method proposed by Nalyor can be applied to
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estimate the thermal and elastic displacement of the disc based on the heat

soakage estimation outcome that discussed in Section 7.6.

7.8 Compressor Map Modification Model

For the compressor map modification, one model is developed to derive the
numerical correlation between heat flow rate, CN, pressure ratio scaling factor,
and corrected mass flow scaling factor. However, the derived numerical
correlation is only suitable for the specific compressor model. When the
compressor changes, the index in the correlation will change. The potential
improvement can be the development of the correlation which takes the
configuration of the compressor into consideration. With that type of correlation,
it can be easily and widely applied to different gas turbine model during the
transient simulation. Besides, the proposed routine can be applied to turbine map

modification to have a more complete heat transfer effect investigation.
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APPENDICES

Appendix A Heat Transfer Coefficient Estimation

The calculation of heat transfer coefficient is based on the Nusselt number. When
calculating the heat transfer coefficient for compressor blades, casing and disc, it is
assumed that the flow starts with laminar flow and then transfer into turbulence flow. The
weighted average method is applied during this process. For laminar flow, the heat
transfer coefficient is estimated by Egs. (A-1), where N,, is the Nusselt number, h is the
heat transfer coefficient, 4 is the thermal conductivity of gas or air, L is the representative
dimension of the component, Re is the Reynold number, Pr is the Prandtl number. For
turbulence flow, the heat transfer coefficient is estimated by Eqs. (A-2). The average
heat transfer coefficient is estimated by Eqgs. (A-3), where f is the average coefficient.
For turbine and combustor, it is assumed the flow is turbulence flow and Egs. (A-4) is
used for heat transfer coefficient estimation. The Reynalds number is estimated by using
Egs. (B-5), where V is the local velocity, v is the kinematic viscosity. The Prandtl number
is estimated by using Egs. (B-6), where Cp is specific heat, and p is the static density of
air or gas. The kinematic viscosity is estimated based on dynamic viscosity by using Eqgs.
(B-7). And the dynamic viscosity is estimated by using Sutherland’s Law as shown in
Egs. (B-8), where p, is reference viscosity, T, is reference temperature, and s, is
Sutherland constant. The value of reference viscosity, reference temperature,
and Sutherland constant is based on air property and the values are 1.716x10-5
(N*s/m2), 273 (K), and 111 (K).

N, = Mol 0.664(Re)5(Pr)0-333 (A-1)
N, = i = 0.037(Re)8(Pr)0333 (A-2)
have = f h+ (L= f) - hy (A-3)

Ny = ¥ = 0.235(Re)%* (A-4)

Re = u (A-5)

v
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Appendix B Gas Property Calculation

The calculation of dry air Cp is based on the model provided in Walsh and Fletcher [65]

according to which:

Cp = Ay + AyTZ + A, TZ% + AsTZ3 + A, TZ* + AsTZ5 + A TZS 1
+ A,TZ7 + AgTZ®

where TZ=T/1000 and A are constants for dry air as shown below:

4, |0.992313

Ay 0.236688

4, |-1.852148

A 6.083152

A, -8.893933

As 7.097112

4 | -3.234725

A, 0.794571

4A; | -0.081873

The calculation of ratio of specific heats y is calculated by using equation list

below, where R is the gas constant.
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Cp
Cpr—R

Appendix C Heat Transfer Model Implementation

The primary focus of this chapter is to describe the individual model algorithms
developed for this investigation. In addition to detailing the design, structure, and
execution of each algorithm, this chapter also discusses the general

programming features and principles adopted in this work.

C.1 Creation of Input File

In this section, the required input file for heat transfer calculation is discussed.
Two parts are included: the creation of .hhs input file, and the modification in .ttr

file.

C.1.1 Creation of .hhs Input File

When Turbomatch is run in heat transfer modification mode, one file for heat
transfer simulation settings needs to be created. This file has to have the same
name as the engine input file and transient setting file, differing only by extension.
For example, if the Turbomatch input file is named 'Example.dat’, the transient
input file will be named 'Example.ttr', and the heat transfer file will be named

'Example.hhs’.

In the .hhs file, the title section will be determined first. Any text typed at the
beginning of the file is considered a comment for the user and will not be
processed. An example of the title section is shown in.

Heat Transfer Effect Calculation Input File

Purpose: To test Turbomatch Heat Transfer Effect Routines
Author: Yimin Yang

Figure C-1 Example of .hhs title section
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After the title section, the component heat transfer model data section is created.
The CODEIN — CODEND input sequence concept is adopted during this data
section. Three components will be considered in the data section: compressor,

combustor, and turbine.

For each compressor, the data section starts with the CODEIN keyword
'COMPREXX', where XX represents the number of the compressor. For example,
if the compressor number in the Turbomatch .dat input file is 1, then the keyword
is 'COMPREOL'. The compressor number must match that in the .dat file.
Following the CODEIN keyword, the heat transfer analysis data will be
processed. For compressor, there are 21 heat transfer analysis data, as shown
in Table C-1.

Table C-1 Compressor heat transfer analysis data

Data Number | Meaning

1 Compressor Shaft Radius (m) (Equals to the inner radius of
disc)

2 Compressor Number of Stage

3 Compressor Inlet Hub/Tip Ratio

4 Design Point Compressor Inlet Mach Number

5 Annulus Configuration (1=Constant Hub Diameter; 2=Constant

Tip Diameter; 3=Constant Mean Diameter)

6 Compressor Blade Aspect Ratio

7 Compressor Blade Pitch/Chord Ratio
8 Mean Blade Thickness (% of Chord)
9 Casing Thickness (m)

10 Blade Material Density (kg/m”"3)
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11 Casing Material Density (kg/m”3) (if =-1, the blade parameter
is invoked)

12 Disc Material Density (kg/m”3) (if =-1, the blade parameter is
invoked)

13 Blade Material Thermal Conductivity (W/(m*K)

14 Casing Material Thermal Conductivity (W/(m*K) (if =-1, the
blade parameter is invoked)

15 Disc Material Thermal Conductivity (W/(m*K) (if =-1, the blade
parameter is invoked)

16 Blade Material Specific Heat (J/KQg)

17 Casing Material Specific Heat (J/Kg) (if =-1, the blade
parameter is invoked)

18 Disc Material Specific Heat (J/Kg) (if =-1, the blade parameter
is invoked)

19 Blade Surface Heat Transfer Coefficient (W/(m"2*K)) (if =-1,
means the heat transfer coefficient will be calculated
automatically)

20 Casing Surface Heat Transfer Coefficient (W/(m”2*K)) (if =-1,
means the heat transfer coefficient will be calculated
automatically)

21 Disc Surface Heat Transfer Coefficient (W/(m"2*K)) (if =-1,

means the heat transfer coefficient will be calculated

automatically)

After the heat transfer analysis data, the CODEND keyword 'COMEND' should
follow. The CODEND keyword represents the end of one compressor's heat

transfer analysis data. If there are multiple compressors, a new data list can be

created starting with a new CODEIN keyword based on the compressor number.
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The same CODEIN - CODEND input sequence is set up for the combustor. In
our case, the CODEIN keyword for the combustor is nhamed 'BURNERXX' to
maintain consistent character length. The heat transfer analysis data for the
combustor is listed in Table C-2.

Table C-2 Combustor heat transfer analysis data

Data Number | Meaning

1 Combustor Type (1=Tubular; 2=Tuboannular; 3=Annular)
2 Combustor Length (m)
3 Number of Flame Tube (Only used for Tubular and

Tuboannular. For annular combustor, -1 is used)

4 Flame Tube Wall Thickness (m)

5 Combustor Casing Inner Diameter (m)

6 Flame Tube Material Density (kg/m”3)

7 Flame Tube Material Thermal Conductivity (W/(m*K)

8 Flame Tube Material Specific Heat (J/KQ)

9 Flame Tube Surface Heat Transfer Coefficient (W/(m"2*K))

The CODEND keyword “BUREND” represents the end of combustor heat transfer
analysis data.

For Turbine, the CODEIN keyword for the turbine is named after “TURBINXX".
The heat transfer analysis data for the combustor is listed in Table C-3.

Table C-3 Turbine heat transfer analysis data

Data Number | Meaning

1 Turbine Shaft Radius (m) (Equals to the inner radius of disc)

2 Turbine Number of Stage
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Turbine Inlet Hub/Tip Ratio

4 Design Point Turbine Inlet Mach Number

5 Annulus Configuration (1=Constant Hub Diameter; 2=Constant
Tip Diameter; 3=Constant Mean Diameter)

6 Turbine Blade Aspect Ratio

7 Turbine Blade Pitch/Chord Ratio

8 Mean Blade Thickness (% of Chord)

9 Casing Thickness (m)

10 Thermal Barrier Coating Thickness (m) (if =0, means no
thermal barrier coating)

11 Blade Material Density (kg/m”3)

12 Casing Material Density (kg/m”3) (if =-1, the blade parameter
is invoked)

13 Disc Material Density (kg/m”3) (if =-1, the blade parameter is
invoked)

14 Thermal Barrier Coating Material Density (kg/m”3)

15 Blade Material Thermal Conductivity (W/(m*K)

16 Casing Material Thermal Conductivity (W/(m*K) (if =-1, the
blade parameter is invoked)

17 Disc Material Thermal Conductivity (W/(m*K) (if =-1, the blade
parameter is invoked)

18 Thermal Barrier Coating Material Thermal Conductivity
(W/(m*K)

19 Blade Material Specific Heat (J/Kg)
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20 Casing Material Specific Heat (J/Kg) (if =-1, the blade
parameter is invoked)

21 Disc Material Specific Heat (J/Kg) (if =-1, the blade parameter
is invoked)

22 Thermal Barrier Coating Material Specific Heat (J/Kg)

23 Blade Surface Heat Transfer Coefficient (W/(m"2*K))

24 Casing Surface Heat Transfer Coefficient (W/(m”"2*K))

25 Disc Surface Heat Transfer Coefficient (W/(m”2*K))

26 Thermal Barrier Coating Surface Heat Transfer Coefficient
(W/(m"2*K))

The CODEND keyword “TUREND” represents the end of turbine heat transfer

analysis data.

C.1.2 Modification of .ttr Input File

In the original .ttr file, there are 9 input setting data for the transient simulation.

The Input sequence is shown in Figure C-2.

CODEIN
PRECED
INITIM
TRANGE
STEPLN
FSCHED
FSTBLE
PRINTS
BDTRAN
SVTRAN
CODEND

! No. of preceding DP and OD simulation (initial DP calc.including)
I Initial time [sec]
40. ! Transient performance simulation duration [sec]
0.001 ! Length of one transient step [sec]
2 I Type of the fuel
14 ! No. of records in fuel schedule table
! Results plotting preferences
! Brick data which are changed during TR simulation (e.g. D2,27)
I Station vectors which are changed during TR simulation (e.qg. S5Vé6)

2,50,20
D1,3

Figure C-2 Turbomatch .ttr file original input sequence

Because the heat transfer effect only affects the gas turbine transient

performance, one additional input setting data is added to the original .ttr input

sequence. The information of the added setting data is shown in Table C-4.
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Table C-4 Added transient .ttr file input sequence

Name of setting data | Meaning

HSANLY Heat Transfer Analysis: 0 = Heat Transfer is not

Included; 1 = Heat Transfer is Included.

C.2 Heat Transfer Effect Algorithm

After creating the .hhs input file, Turbomatch can then initiate the heat transfer
effect analysis during the gas turbine transient simulation. This section will

discuss the algorithm for the heat transfer effect analysis.

The reading process of the .hhs input data begins with the input file check.
Turbomatch will first check all the input files. If a .hhs file with the same name as
the .dat file is found, the heat transfer effect file find indicator will be set to 1,
indicating that the .hhs file is found. Then, the .hhs file needs to be read to store
the user-defined parameters. When the heat soakage file is read, a module
named 'M_ClassHeatSoakagelO.f90" will be called. The purpose of this module
is to read the .hhs input file line by line and store the data for each component.
The heat transfer effect data for each component will be stored in their respective
data arrays. Information about these arrays is listed in files named
'M_ClassCompreStructure.fo0', 'M_ClassBurnerStructure.fo0’, and
'M_ClassTurbinStructure.fo0'. The flow chart for the file reading and storing

process is shown in Figure C-3.
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STRAT

Create Heat Transfer
Effect Input File
Check Heat Transfer
Effect Input File

Call
M ClassHeatSoakagelO.f90

v

Reading .hhs file

v

Call
M ClassCompreStructure.f90

v

Store Compressor Data

v

Call
M ClassBurnerStructure.f90

v

Store Combustor Data

v

Call
M ClassTurbinStructure.f90

v

Store Turbine Data

END

Figure C-3 Flow chart for .hhs file reading and storing process

After reading and storing the .hhs file information, Turbomatch is ready for heat
transfer effect calculation. If the HSANLY parameter in the .ttr file is set to 1, the
heat transfer effect analysis handler will also be set to 1, indicating that the heat
transfer effect will be calculated. Otherwise, the heat transfer effect will not be
calculated during the entire simulation. As shown in Figure 3-1, design point, off-
design point and transient simulation will include different heat transfer effect

simulation steps.
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In any condition, Turbomatch will simulate the gas turbine design point
performance first. During the design point, a global handle will indicate the design
point condition. For each component, geometry calculations will be performed
during the design point simulation. The module named
'M_ClassHSCompStruCalc.f90" includes the geometry calculation subroutines for
the compressor, combustor, and turbine. The subroutine '‘CompressorStaging' is
called by the module 'BricksA_33 COMORE.f90'. The subroutine
'‘BurnerStructure' is called by the module 'BricksA_34 BURNER.f90'. The
subroutine 'TurbineStaging' is called by the module 'BricksA_ 35 TURBIN.f90'.
The methodologies discussed in Section 3.2 are integrated to estimate the
geometry of each component during the design point calculation. Apart from the
geometry calculation, the datum condition of the tip clearance calculation is also
initiated during the design point calculation. Based on the design point
temperature, pressure, and rotational speed, the datum condition will be
calculated using the subroutines named 'TipClearancelnitialConditionCompre’
and 'TipClearancelnitialConditionTurbin'. These two subroutines are called by
'‘BricksA_33 _COMORE.f90' and 'BricksA_35_TURBIN.f90'".

After simulating the design point working condition, Turbomatch will enter the off-
design condition simulation. Users can set several off-design simulations in
the .dat file. However, for the heat transfer effect simulation, only the last off-
design condition is important as it represents the initial heat transfer calculation
condition. Under this condition, the initial temperature calculation cannot be
directly called by 'BricksA_33 COMORE.f90', 'BricksA_34_BURNER.f90', and
'‘BricksA_35_ TURBIN.f90' because calling the initial temperature calculation at
each off-design calculation would significantly increase the calculation time. To
accurately perform the initial temperature calculation at the last off-design
condition, the module named 'SR_OUTSEQ.f90' is selected as the integration file.
Within this module, a counter indicates the current off-design condition number.
When it reaches the last off-design condition, the 'M_ClassComInitTemp.fo0'
module will be called. This module includes the subroutines
‘CompressorlinitialTemp' and 'TurbinelnitialTemp' for the compressor and turbine,

respectively. For the combustor, the 'M_ClassBurnerZoneTempCalc.f90' module
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is utilized. By using the methodology described in Section 3.3.4, the initial
temperature for each component will be estimated. The initial temperature

outcome for heat soakage estimation will be stored in component array.

After completing the off-design conditions, Turbomatch enters the transient
simulation phase. During transient simulation, 'BricksA_33_COMORE.f90" will
call 'M_ClassHSCalculation.f90'. Within ‘M_ClassHSCalculation.f90', subroutines
named '‘CompressorHeatSoakage', '‘BurnerHeatSoakage', and
‘TurbineHeatSoakage' are included. These subroutines are called by
'‘BricksA_33_COMORE.f90', '‘BricksA_34 BURNER.f90', and
'‘BricksA_35_TURBIN.f90'. Additionally, the tip clearance will be calculated using
subroutines named 'TipClearanceCompre' and 'TipClearanceTurbin'. For the
map modification model, it is directly integrated into 'BricksA_33 COMORE.f90'.
The component performance modification methods described in Section 3.3.3,
Section 3.4.2, and Section 3.5.3 will be used to modify the component

performance.

The flow chart for the design point, off-design point and transient calculation logic

is shown in Figure C-4.

Enter Turbumatch
Calculation

End Turbumatch
Calculation

YES YES
Compressor Performance Compressor Performance Turbine Performance
Calculation Calculation Calculation
Call CompressorStaging Call CompressorHeatSoakage Call TurbineHeatSoakage
subroutine ubrouti subroutine
¥ Compressor Performance
Call Calculation Update Compressor Update Turbine
TipClearancelnitial ConditionCompre Performance Performance
subroutine | Call Compressorlnitial Temp *
subroutine | Call TipClearanceCompre | | Call TipClearanceTurbin |
Combustor Performance subroutine subroutine
: Combustor Performance
Calculation Calculati
alculation Update Compressor Update Turbine
| Call BurnerStructure ‘ * Performance Performance
i
subroutine M_ClassBurnerZoneTempClac.f90 | v
| Map Modification | Eng 11‘“ﬂlmlf"at6h
Turblcnc] Pelrf:‘:mlancc Turbine Performance alculation
alculation culati
Calculation Update Compressor
D D Performance
I Call TurbineStaging ‘ Call Turbinelnitial Temp
subroutine subroutine
Compressor Performance
Call Calculation
TipClearancelnitial Condition Turbin
subroutine | Call BurnerHeatSoakage |
subroutine
|

Performance
Figure C-4 Flow chart for heat transfer effect calculation process
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Appendix D Sensitivity Analysis on Burner Time
Constant

As mentioned in Section 5.1.4.2, Turbomatch does not consider the burner time
constant during the transient simulation when GasTurb considered this feature.
When validating Turbomatch transient simulation accuracy, the burner time

constant was set to 0 in GasTurb to keep the consistency.

Based on the literature review, the burner time constant considers delays in heat
release like the time needed for evaporating the fuel. To investigate the effect
coming from burner time constant, a sensitivity analysis is launched by using
GasTurb.

The gas turbine model described in Section 4.2.1 and transient fuel flow setting
described in Section 4.2.5.1 were used during the sensitivity analysis. After a
literature review for burner time constant, there was no open literature discuss
the setting logic of the burner time constant and no detailed information was
provided by GasTurb manual. So, the default value of burner time constant
equals to 0.1 provided by GasTurb was chosen as the baseline value. Several
calculations were performed with modified burner time constant. Specifically,
default burner time constant was multiplied by factors of 0, 0.5, 1.5 and 2.0. The
thrust, mass flow rate and combustor outlet temperature lines are shown in Figure
D-1 (a) to (d).

The burner time constant will directed affect the combustor outlet temperature
during the transient manoeuvre, as shown in Figure D-1 (d). The greater the
burner time constant, the slower the combustor outlet temperature change rate.
And due to the mass flow increases during the transient, the maximum combustor
outlet temperature is different. For the default condition (burner time constant
equals to 0.1), the maximum combustor outlet temperature is 1680.7 K at 1.05 s
simulation time. For the no burner time constant condition, the maximum
combustor outlet temperature is 1706 K at 1.0 s simulation time. An investigation
on thrust, mass flow rate, and corrected rotational speed increase delay is also

analyzed. Based onFigure D-1, a linear relation is found between the delay in
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acceleration time and burner time constant value. Every 0.05 increase in burner

time constant value will lead to 0.05 delay in reaching 100% of working condition.
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Combustor Outlet Temperature Comparison 120
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Figure D-1 Burner time constant effect on gas turbine transient performance
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Table D-1 Burner time constant sensitivity analysis outcome

Parameter BTC=0 BTC=0.05 BTC=0.1 BTC=0.15 BTC=0.2
Time to 50% Thrust Increase (s) 0.68 0.73 0.77 0.81 0.85
Difference (s) -0.09 -0.04 0 0.04 0.08
Time to 100% Thrust Increase (s) 6.8 6.85 6.9 6.95 7.0
Difference (s) -0.1 -0.05 0 0.05 0.1
Time to 50% Mass Flow Increase (s) 0.43 0.47 0.5 0.52 0.54
Difference (s) -0.07 -0.03 0 0.02 0.04
Time to 100% Mass Increase Flow (s) 5.25 5.3 5.35 5.4 5.45
Difference (s) -0.1 -0.05 0 0.05 0.1
Time to 50% CN Increase (S) 1.13 1.18 1.23 1.28 1.32
Difference (s) -0.1 -0.05 0 0.05 0.09
Time to 100% CN Increase (S) 6 6.05 6.1 6.15 6.2
Difference (s) -0.1 -0.05 0 0.05 0.1

264




Appendix E Component Stage Tip Clearance Change

E.1 Fan Tip Clearance Change

The tip clearance change of fan is shown in Figure E-1.

Fan Stage 1 Tip Clearance Change
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Figure E-1 Fan tip clearance movement

E.2 Booster Tip Clearance Change

The 15t to 3" stage’s tip clearance change of each stage of booster is shown in
Figure E-2 (a) to (c).

Booster Stage 1 Tip Clearance Change

Time (s)
——Blade Heat Blade Centri Casing Heat
Casing Press —— Disc Heat  —— Disc Centri
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Booster Stage 2 Tip Clearance Change
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Figure E-2 Booster tip clearance movement

E.3 HPC Tip Clearance Change

The 15t to 9" stage’s tip clearance change of HPC is shown in Figure E-3 (a) to

0).

HPC Stage 1 Tip Clearance Change HPC Stage 2 Tip Clearance Change
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HPC Stage 9 Tip Clearance Change
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Figure E-3 HPC tip clearance movement

E.4 HPT Tip Clearance Change

The tip clearance change of HPT is shown in Figure E-4.

HPT Stage 1 Tip Clearance Change
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Figure E-4 HPT tip clearance movement

E.5 LPT Tip Clearance Change

The 15t to 4! stage’s tip clearance change of LPT is shown in Figure E-5.
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Figure E-5 LPT tip clearance movement



